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Abstract  

Lean-burn combustion of premixed air-natural-gas mixtures enables small-scale stationary 
gas engines to operate at high engine efficiency while emitting low levels of CO2 and pol-
lutants. Increasingly stringent limits for nitrogen oxides, however, pose a major challenge 
to lean-burn operation if the aim is to meet the new limits through combustion-related 
measures without losses in engine efficiency. As alternative to spark ignition, a new Hot 
Surface Ignition (HSI) system was developed that facilitates a rapid and safe ignition of 
more diluted mixtures. The system essentially consists of a shielded ceramic glow plug, 
whose temperature can be controlled in a highly dynamic manner by adjusting the voltage 
applied, thereby allowing for the phasing of combustion to be adjusted during engine op-
eration. 

The present work describes the systematic methodology adopted to study the process of 
HSI induced combustion. For an in-depth analysis of the ignition process and the subse-
quent flame propagation, a combined approach of 3D fluid dynamics and combustion sim-
ulation and engine experiments with multiple single-fibre optical accesses to the combustion 
chamber is pursued. Design of Experiments (DoE) methods are used to determine the 
ignition system’s operation limits and to study the effect of several operating parameters, 
like intake manifold pressure and relative air-fuel ratio, on the combustion process and the 
thermo-electric properties of the glow plug. The direct comparison to state-of-the-art pre-
chamber spark ignition unfolds the positive and negative aspects of the current HSI design 
and allows for future steps in system development and optimisation to be derived.  
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Resumen 

La combustión de mezclas pobres de aire y gas natural premezcladas permite que motores 
a gas usados en unidades de micro-cogeneración funcionen con alto rendimiento, 
produciendo, al mismo tiempo, bajos niveles de CO2 y emisiones contaminantes. Sin 
embargo, normativas medioambientales cada vez más restrictivas, sobretodo con respecto 
a los óxidos de nitrógeno (NOx), suponen un reto para la combustión de mezclas probres si 
se trata de cumplir las normativas sólo a través de medidas relacionadas con la combustión, 
sin pérdidas en el rendimiento del motor. 

Como alternativa al encendido por chispa, se ha desarrollado un nuevo sistema de 
encendido por superficies calientes controladas (Hot Surface Ignition - HSI) que facilita una 
ignición rápida y segura de mezclas muy diluidas. El sistema consiste de una bujía 
incandescente cerámica “apantallada”, cuya temperatura puede ser controlada de forma 
altamente dinámica mediante el ajuste de la tensión aplicada. Eso permite ajustar el 
comienzo del proceso de combustión durante el funcionamiento del motor. 

La presente tesis doctoral describe la metodología sistemática adoptada para estudiar el 
proceso de combustión inducida por HSI. Para un análisis profundo del proceso de ignición 
y de la propagación de la llama, se combinan simulaciones de dinámica de fluidos en 3D y 
combustión con experimentos usando múltiples accesos ópticos a la cámara de combustión 
del motor. Métodos de diseño de experimentos (DoE) se utilizan para determinar los límites 
de funcionamiento del sistema de encendido y para estudiar el efecto de varios parámetros 
de operación, como la presión del colector de admisión y el dosado relativo de la mezcla, 
sobre el proceso de combustión y las propiedades termoeléctricas de la bujía incandescente. 
La comparación directa con el encendido por chispa en precámara, la tecnología del estado 
del arte, despliega los aspectos positivos y negativos del diseño actual de HSI y permite 
derivar pasos futuros en el desarrollo y la optimización del sistema. 

 

Palabras clave: Motor a gas – Encendido por superficies calientes – Combustión pobre – 
Gas natural  



 



 

 

Kurzfassung 

In stationären erdgasbetriebenen Gasmotoren kleinerer Leistungsklassen ermöglicht die 
Verbrennung homogener magerer Gemische hohe mechanische Wirkungsgrade bei gleich-
zeitig geringem CO2- und Schadstoffausstoß. Insbesondere verschärfte Stickoxidgrenzwerte 
stellen den Magerbetrieb vor die Herausforderung, diese innermotorisch ohne Wirkungs-
gradeinbußen einhalten zu können. Um als Alternative zur Funkenzündung, stärker ver-
dünnte Gemische schnell und sicher entflammen zu können, wurde ein auf der Zündung an 
heißen Oberflächen basierendes Zündsystem entwickelt (HSI – Hot Surface Ignition). Es 
besteht im Wesentlichen aus einer abgeschirmten keramischen Glühkerze, deren Tempera-
tur durch Variation der Bestromung hochdynamisch geregelt werden kann und dadurch 
das Anpassen der Verbrennungsschwerpunktlage im Motorbetrieb ermöglicht. 

Die vorliegende Arbeit beschreibt die systematische Vorgehensweise zur Untersuchung der 
durch HSI eingeleiteten Verbrennung. Die Analyse des Entflammungsvorgangs und der 
anschließenden Flammenausbreitung erfolgt mittels Kombination aus dreidimensionaler 
Strömungs- und Verbrennungssimulation und Mehrlichtwellenleitertechnik zur Aufzeich-
nung von Verbrennungsstrahlung im motorischen Betrieb. Unter Verwendung von Metho-
den der statistischen Versuchsplanung (DoE - Design of Experiments) erfolgt die Bestim-
mung der Betriebsgrenzen des Zündsystems sowie die Untersuchung des Einflusses ver-
schiedener Betriebsparameter, wie Saugrohrdruck und Verbrennungsluftverhältnis, auf den 
Verbrennungsprozess und das thermoelektrische Verhalten des Glühstifts. Durch den di-
rekten Vergleich zum Referenz-Zündsystem, der Vorkammerfunkenzündung, können die 
Vor- und Nachteile des aktuellen Konstruktionsstands bestimmt und künftige Entwick-
lungs- und Optimierungsschritte abgeleitet werden. 

 

Schlagworte: Gasmotor – Oberflächenzündung – Magerverbrennung – Erdgas 
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1 Introduction 

1.1 Background and Motivation 

With the Paris Agreement [141], the world's first comprehensive climate agreement entered 
into force on 4th of November 2016. As of September 2017, 164 of 197 parties have ratified 
the agreement, with the aim of lowering greenhouse gas emissions, in particular by fossil 
fuel divestment, in order to keep the increase in the global average temperature to well 
below 2 °C above pre-industrial levels, recognising that this would significantly reduce the 
risks and impacts of climate change. The contribution that each individual country should 
make in order to achieve the worldwide goal are determined on a national level. The Ger-
man government, for example, set the ambiguous target of reducing the emission of green-
house gases by 80 to 95 % respective to 1990 by year 2050 [27]. This is to be achieved 
through a consequent transition toward sustainable energy (ger: “Energiewende”), with 
decentralised renewable energy and energy efficiency being the main pillars of this process. 
As of 2016, however, only a reduction of 27,6 % had been achieved [138], which made clear 
that large efforts still need to be made to reach the intermediate target of a 40 % reduction 
in 2020. The declared long-term goal is the creation of an energy system based on 60 % 
renewable energy by 2050, with at least 80 % of electric power stemming from renewable 
sources [27]. As part of this turnaround in climate policy, cogeneration gas engines (com-
bined heat and power - CHP), play an important role in the decentralised energy supply 
of the future. The simultaneous production of heat and electricity from natural gas allows 
for a significant reduction of CO2 emissions compared with onsite heating and conventional 
power plants, particularly to those burning coal or fuel oil. Natural gas (NG) is character-
ised by its low specific CO2 emissions, clean burning nature in terms of particulate matter, 
its good transportability and the larger reserves compared to oil. Stationary gas engines 
are more than just a bridge technology, since they do not solely rely on natural gas but 



2|   1 Introduction
 
can be partially or even fully operated with fuels produced from renewable sources, like 
biogas or synthetic natural gas or hydrogen. A very promising approach are Power-to-Gas 
(PtG) production schemes, where the excess power from wind generators or solar arrays is 
used to produce methane or hydrogen. The gases are then stored in the natural gas network 
and available for generating heat and electric power when intermittent and hardly predict-
able renewable energy sources are not generating. 

Many countries worldwide have taken measures to encourage CHP growth by financial 
incentives, grant support and increased feed-in remuneration. An important part of the 
emerging CHP market are so called “micro-CHP” and “mini-CHP”, installations with a 
rated electric power ranging from 2 to 10 kWel and 10 to 50 kWel, respectively. Large 
number of these units are driven by naturally aspirated lean-burn (overstoichiometric, rel-
ative air-fuel ratio λ > 1) internal combustion engines to achieve high engine efficiencies 
at relatively low emissions, heat losses, knock tendency, peak combustion pressures as well 
as combustion and exhaust gas temperatures. To this day, their output of pollutants is not 
subject to any regulations in Germany, but it is common practice to meet the emission 
limits defined by TA Luft [28] that apply to larger gas engines, as most subsidies are linked 
to this requirement. In response to the increasing amount of installed units, however, a 
new European commission regulation (No. 813/2013) [47] will enter into force in 2018 and 
subject small CHP units up to 50 kWel to a more stringent NOx emission limit.  

For existing naturally aspirated production gas engines operating with lean air-fuel mix-
tures, there are two possible ways of meeting the new limit: The first is a transition to 
stoichiometric combustion (λ = 1) in combination with aftertreatment through 3-way cat-
alysts, as already practiced by some CHP manufacturers. The second is to maintain lean-
burn operation and attempt to reduce emissions either through adjusted combustion pa-
rameters or aftertreatment, e.g. NSC (NOx storage catalysts) or SCR systems (selective 
catalytic reaction). Stoichiometric operation can be easily achieved by increasing the mass 
flow of fuel supplied. This, however, results in an increase of engine power if engine speed 
remains constant, thus requiring an electric generator with higher nominal power, a de-
crease in thermal engine efficiency and a higher thermal load on engine components. Fur-
ther leaning of the mixture to reduce combustion temperature, and therefore NOx, on the 
other hand, does not require changes in engine periphery but reduces engine power as a 
result of the lesser energy input. Furthermore, leaning increases combustion duration, thus 
reducing the efficiency of the combustion process, and is limited by increasing combustion 
instability. Aftertreatment systems are an alternative solution but are complex, may re-
quire additional consumables and are currently not suitable for economical use in small 
cogeneration units. 

Another major challenge of small CHP units are the higher specific maintenance costs 
compared to the high-power range. Depending on the manufacturer, the specific mainte-
nance costs lie in the range 2.5 – 8 ct/kWhel (in €) for units up to 50 kWel, thus being much 
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higher than the values for large units above 1 MWel (0.4 – 0.9 ct/kWhel) [8].  

1.2 Scope and Organisation of Thesis 

Motivated by the need of future reduction of NOx emissions and the high specific mainte-
nance costs of small cogeneration engines, among others caused by frequent spark plug 
replacement, an alternative ignition system based on controlled hot surface ignition (HSI) 
was developed. Unlike conventional spark plugs, a heated rod, e.g. in the form of a glow 
plug, is not subject to the electrode wear caused by spark erosion. Production ceramic glow 
plugs (CGP) are known to exhibit long life-times in Diesel operation and are inexpensive 
compared to prechamber spark plugs commonly used to ignite the air-fuel mixture in lean-
burn applications. Combustion related advantages expected of HSI arise from the size of 
the hot surface compared to that of the spark. The inflamed mixture volume that forms 
the initial flame kernel and induces a propagating flame is increased significantly. This is 
expected to accelerate the combustion process, increase the probability of mixture ignition 
and allow for an enhancement of the lean-burn limit. The ability to ignite leaner mixtures 
reliably, yet with shorter combustion duration, yields the potential of reducing the NOx 
output and meet future emission limits, without experiencing significant losses in engine 
efficiency. 

Over the past decades, several interesting approaches to ignite air-fuel mixtures by means 
of hot surfaces in internal combustion engines have been presented and can be loosely 
divided into homogeneous (premixed) and stratified (direct injection) combustion pro-
cesses. Most work on premixed air-fuel mixtures deals with fairly reactive liquid fuels (e.g. 
petrol) and/or catalytic materials to decrease the activation energy of ignition while oper-
ating the engine at rather low speeds. For this setting, ignition delay is primarily governed 
by hot surface temperature and the residence time of reactive air-fuel mixture in its vicin-
ity. To the author’s knowledge, natural gas (NG) has only been investigated in combination 
with high pressure direct injection where the purpose of the hot surface is to induce a 
Diesel-like diffusion combustion. Here, start of combustion is mainly determined by the 
instant when the fuel jet impinges on the hot surface. In the present work, on the other 
hand, a systematic study of HSI for premixed air-NG mixtures in naturally aspirated en-
gines is conducted for the first time. This task is highly challenging for three main reasons: 
First, the timing of mixture inflammation needs to be controlled solely by adjusting hot 
surface temperature; Second, methane, the main NG constituent, is very stable and exhibits 
the highest ignition temperature of all hydrocarbons; Third, the ignition system is to be 
employed at relatively high engine speeds of around 2450 1/min. The last two factors are 
in requirement of high surface temperatures, making high demands on the thermal ignition 
system itself. At the same time, mixture ignition needs to be timed such that combustion 
phasing can be set appropriately and in a reproducible manner. Therefore, the objective of 
this thesis is to address the following key questions: 
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1. How stable is the ignition process, what parameters determine engine stability in 
terms of cycle-by-cycle variations (CCV)? 

2. What is the operating range of HSI and which factors are responsible for its limi-
tation? 

3. In what way do controllable engine parameters, like intake manifold pressure or 
relative air-fuel ratio, exert influence on the ignition process and the parameters of 
HSI? 

4. Is HSI a viable alternative to prechamber spark ignition (PCSI) in terms of im-
proving the fuel consumption-NOx trade-off and meet future emission limits? 

5. Does the hot surface (glow plug) show signs of degradation that indicate reduced 
durability? 

6. What measures can be taken to improve the ignition system? 

The methodology used to study the process of HSI induced combustion and meet the 
objectives relies on an extensive review of the state-of-the-art and theoretical fundamentals 
and a combination of both numerical and experimental investigations. The approach cho-
sen is reflected in the organisation of the thesis, divided into eight chapters. After the 
introduction, Chapter 2 emphasises on fundamental concepts of ignition and combustion 
of air-fuel mixtures and presents the challenges, particularly in terms of lean-burn combus-
tion, that engine development is currently facing. Furthermore, it expands on the state-of-
the-art technology for igniting lean mixtures and introduces alternative approaches. Chap-
ter 3 deals with the theoretical fundamentals of the ignition on hot surfaces and reviews 
the most relevant publications on surface ignition in internal combustion engines. Chapter 
4 describes the developed HSI system for a single-cylinder cogeneration gas engine, with a 
focus on its design, its components and the controller employed to time mixture ignition 
in engine operation. Chapter 5 outlines the experimental setup and the statistical tools 
employed to design and evaluate the experiments. Design of Experiments (DoE) methods 
are used to determine the ignition system’s operation limits as well as the engine operation 
parameters that are most significant to HSI operation and to derive empirical correlations. 
In addition, the chapter presents the numerical tools employed and developed to simulate 
the interaction between the hot surface and the mixture. This includes a commercial 3D 
CFD (Computational Fluid Dynamics) code with simple reaction kinetics, used to analyse 
the process of mixture formation and ignition, and a proprietary 0D HSI engine process 
simulation model, developed in Matlab/Simulink to broaden the understanding of the 
thermo-electric and control behaviour of the glow plug. The preliminary investigations in 
Chapter 6 give a foundation for the experimental core of the present work (Chapter 7). 
First, the ignition process is analysed through a combined approach of CFD simulations 
and engine experiments using multiple optical accesses to the combustion chamber, used 
to detect combustion radiation. Second, the influence of glow plug manufacturing toler-
ances on HSI operation is assessed using several glow plug specimens. Third, an empirical 
correlation to determine hot surface temperature during engine operation is presented. The 
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aim of Chapter 7 is to determine the limits of HSI operation, evaluate the effect of individ-
ually adjustable engine parameters, like intake manifold pressure and relative air-fuel ratio 
and draw a direct comparison to prechamber spark ignition. Moreover, glow plug ageing 
along the experiments is discussed and possible system improvements are presented. Fi-
nally, a summary of the findings and an outlook to suggested future research topics are 
given in Chapter 8. 
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2 Fundamentals 

2.1 Ignition of Air-Fuel Mixtures 

The process of combustion in internal combustion engines (ICE) allows the chemical energy 
stored in the fuel to be converted into thermal and, subsequently, into mechanical energy. 
The characteristics of this chemical reaction, such as its timing and duration, are of fun-
damental importance to engine efficiency and engine-out emissions. When mixed with an 
oxidiser (commonly air), conventional fuels for ICE like hydrocarbons do not combust 
abruptly. Instead, the mixture needs to be activated either by an external energy source 
(e.g. the spark in conventional SI engines) or through autoignition, induced by pressure 
and temperature rise from compressing the mixture in the cylinder (e.g. conventional Diesel 
combustion). This time-dependent process is termed ignition and describes all reactions 
taking place during the transition from a non-reactive air-fuel mixture towards a steadily 
burning flame [90, 145]. Nevertheless, a flame is only able to propagate freely when fuel 
concentration lies between the upper (rich) and lower (lean) flammability limit (LFL and 
UFL). While strongly depending on the type of fuel, these limits are usually given at 
ambient conditions and vary with temperature, pressure, humidity and even with way 
ignition is induced [73] and how much energy is provided [17, 93]. Experimental data found 
in literature suggests that both the lean and the rich limits for a particular fuel correspond 
to a common minimum flame temperature. For pure methane, for instance, this is about 
1400 K, as compared to a stoichiometric flame temperature of about 2200 K [83]. Figure 
2.1 (left) shows a typical ignition diagram of the CH4-O2-N2 system, where the intersection 
between the line Air and the range of ignitable mixtures yields both LFL and UFL. The 
adjacent table gives an overview of the flammability limits in air of selected fuels at ambi-
ent conditions, which may differ slightly depending on the source due to not standardised 
test apparatus and conditions. It can be seen that for alkanes both LFL and UFL decrease 
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with the number of C-atoms.  

Fuel LFL [Vol.-%] UFL [Vol.-%] 

CH4 4.8 - 5.0 15.0 – 16.0 
C2H6 2.2 - 3.0 11.2 - 12.5 
C3H8 2.1 9.5 – 10.0 

n-C4H10 1.5 8.5 
n-C5H12 1.4 7.8 
n-C6H14 1.25 7.0 
n-C7H16 1.0 6.0 
n-C8H18 0.95 3.2 

CO 12.5 - 15.0 70.0 – 75.0 
H2 4.0 - 6.5 74.5 - 76.0 

Natural Gas ≈ 4.8 ≈ 13.5 
Petrol 

 
1.4 

 
7.6 

 
 

Figure 2.1: Ignition diagram of the CH4-O2-N2 system, derived from [73] (left), and lower (LFL) and upper 
(UFL) flammability limits of selected fuels at 20 °C and ambient pressure in air [17, 73, 83] (right). 

2.1.1 Minimum Ignition Energy and Autoignition Temperature 

The ignitability of air-fuel mixture is mainly characterised by its minimum ignition energy 
and its autoignition temperature.  

Minimum Ignition Energy: 

The minimum ignition energy ܧ௠௜௡ is the lowest energy required to heat up a small mixture 
volume to its adiabatic flame temperature and cause the system to ignite [84, 145]. Ac-
cording to the theory of Ballal and Lefebvre [14], this volume is equal to the quenching 
distance of the given mixture, i.e. the critical size that the inflamed volume must attain in 
a short time to allow a stable self-sustained flame propagation and not be quenched. Con-
ventional spark ignition systems deliver much higher spark energies than those required for 
igniting the mixture [69], with typical values of around 60 mJ [88]. However, due to heat 
losses caused by the proximity of the electrodes to the created plasma, only a fraction of 
that energy (between 20 – 40 % [93]) is employed to raise mixture temperature in the spark 
gap and to generate active radicals required for inducing the combustion. Lefebvre and 
Ballal [84] propose Eq. (2-1) to calculate the minimum ignition energy for turbulent flows, 
where Δ ௔ܶௗ is the temperature difference to the adiabatic flame temperature, ݇ the thermal 
conductivity, ்ݏ and ݑ′ the turbulent burning velocity and the turbulence intensity, re-
spectively (see Section 2.2.1), ܿ௣ is the specific heat capacity at constant pressure and ߩ଴ 
the density of the mixture: 

௠௜௡ܧ = 5.24 ∙ Δ ௔ܶௗ ሾ݇(்ݏ − ଴൯ଶߩଵሿଷ൫ܿ௣ି(′ݑ0.63   
(2-1)

From the above equation it can be derived directly that mixture temperature has a reduc-
ing effect on the minimum ignition energy as less energy is required to raise it to the 
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adiabatic flame temperature. Rising levels of turbulence, on the other hand, require an 
increase of ܧ௠௜௡, caused by the increased quenching distance [84]. From ߩ = ݌଴ܴܶ it follows 
that the pressure dependence of ܧ௠௜௡ can be expressed as ܧ௠௜௡~ି݌ଶ, as illustrated exem-
plarily in Figure 2.2 (right) for spark-ignited air-propane mixtures. While this is not obvi-
ous from Eq. (2-1), the effects of equivalence ratio ߶ (inverse of the relative air-fuel ratio 
λ) and flow velocity are also highly significant to ܧ௠௜௡: Figure 2.2 (left) shows the measured 
minimum ignition energy of air-propane mixtures exemplarily as a function of ߶ and flow 
speed. The curves exhibit a minimum for stoichiometric to slightly rich mixtures, with a 
large slope to either side, especially for non-stagnant mixtures. As a result, ܧ௠௜௡ increases 
rapidly as the mixture is leaned out. From the foregoing it follows that the most challenging 
conditions for mixture ignition in ICE are very lean air-fuel mixtures at low in-cylinder 
pressures, pronounced charge motion and high levels of turbulence. 

 
Figure 2.2: Minimum ignition energy ࢔࢏࢓ࡱ as a function of equivalence ratio and flow speed in the spark gap 
(left, [13]) and as a function of pressure (right, [50]) for air-propane (C3H8) mixtures.   

Autoignition temperature: 

The autoignition temperature (AIT) is usually defined as the lowest temperature to which 
a given mixture must be heated to combust spontaneously in the absence of an ignition 
source [30], yet there are other definitions that also include the time span until autoignition 
occurs as a factor [2]. The temperature range of the air-fuel mixture in which ignition and 
a stable self-sustaining combustion can take place is subject to limitations. The flash point 
shown in Figure 2.3 (left) as a function of relative fuel density (1 = water) describes the 
minimum temperature at which a liquid fuel gives off sufficient vapour to form a flammable 
mixture with air and allow for a flame to propagate when ignited locally by an external 
source. As this temperature is directly related to the its density, short-chained hydrocar-
bons like methane or propane have a flash point way below ambient temperature as a 
result of their gaseous state, allowing them to be burnt in a very wide temperature range. 
Heavy long chain hydrocarbons that appear in liquid form under atmospheric conditions 
like Diesel, fuel oils or vegetable oils, on the other hand, require a certain mixture temper-
ature to sustain a propagating flame. For temperatures above the depicted autoignition 
limit in Figure 2.3 (left), no external energy source is required for inducing combustion and 
a spontaneous self-inflammation of the mixtures ensues. In the same manner, Figure 2.3 
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(right) depicts the autoignition limit for selected gaseous fuels, namely alkanes/paraffins 
from C1 (methane) to C8 (n-octane) as a function of relative density (1 = air) exemplarily. 
It should be noted, however, that the boiling point of the substance rises with its number 
of carbon atoms. As a result, the standard state of higher alkanes greater than C4 is liquid 
at ambient pressure and temperature. It can be seen that the AIT decreases sharply with 
increasing rel. density and number of C atoms, though it remains almost constant from C7 
to C16 [5]. In other words, heavier hydrocarbons tend to autoignite before lighter hydro-
carbons, with the simplest hydrocarbon CH4 showing the highest autoignition temperature 
(around 600 °C). The main difference between methane and other alkanes is found in their 
molecular structure: While methane only has strong C-H bonds, higher alkanes have at 
least one C-C weaker bond. Since those bonds need to be broken in order to initiate the 
ignition process, methane will require a higher energy to break up. 

 
Figure 2.3: Flash point and autoignition temperatures for liquid petroleum fuels (left, acc. to [83]) and au-
toignition temperatures of C1-C8 alkanes (paraffins) at ambient pressure (right, experimental data extracted 
from IEC 60079-20-1). 

The AIT of liquid and gaseous fuels is of major concern in technical installations, where 
the risk of fuel coming into direct contact with hot surfaces in the case of a system failure 
or leakage is given. This is the reason why most experiments on autoignition temperatures 
found in literature are conducted under ambient pressure in open vessels (isobaric). Over 
the years, a variety of methods have been used to determine autoignition temperatures of 
pure hydrocarbons, yielding a considerable spread in the absolute values published. It is a 
well-known fact that the minimum autoignition temperature given by a specific method 
does not necessarily represent the minimum temperature at which a fuel will self-ignite in 
air. In fact, it is not an intrinsic property of a given gas mixture, but highly dependent on 
the dynamic state of the gas (flow and turbulence), the shape, size and material of the test 
vessel, and the mode of heat supply [7, 46, 78, 94]. To this end, several standard tests to 
determine a reproducible autoignition temperature of liquids and gases up to 650 °C have 
been developed and perpetually updated, namely DIN 51794, DIN EN 14522, IEC 60079-
20-1 and ASTM E659. These standardised methods use flasks open to the atmosphere, 
either in form of a 200 ml Erlenmeyer flask (EN 14522, DIN 51794 and IEC 60079-20-1) or 
a 500 ml round bottom flask (ASTM E659). The flasks are positioned inside a hot air oven 
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that ensures a uniform temperature inside the test vessel. An example of a test apparatus 
according to EN 14522 is shown in Figure 2.4. For a test, the experimenter introduces the 
substance from the flask opening, waits and observes through a mirror whether ignition 
occurs. The amount of substance and the temperature of the test vessel are then varied to 
find the lowest temperature that causes an ignition, which is usually for slightly rich mix-
tures [73]. 

 

Figure 2.4: Simplified schematic diagram (left) [17] and actual test apparatus (right, Source: Anko) for 
determining the autoignition temperature after DIN 51794, DIN EN 14522 and IEC 60079-20-1. 

Due to the complex nature and the numerous factors influencing the autoignition phenom-
enon, the results obtained through the mentioned standardised methods only have a limited 
range of applicability. Nevertheless, they give important insights into the combustion char-
acteristics of fuels and allow comparisons among them. Figure 2.5 depicts the influence of 
pressure on the autoignition limits of a typical hydrocarbon, discussed in detail by e.g. 
Warnatz et al. [145]. Due to the high pressures and temperatures during the compression 
stroke of internal combustion engines, the third explosion limit, or thermal explosion limit, 
shown is most relevant to engine operation. The phenomena cool flames and two-stage 
ignition that are typical for most hydrocarbons, alcohols, aldehydes, ketones, oils and ethers 
take place at high pressures and comparatively low temperatures, also called NTC regime 
(negative temperature coefficient), and are of considerable practical relevance to the pro-
cesses of engine knocking or low-temperature compression ignition (e.g. HCCI). Cool flames 
only consume a small fraction of the fuel, followed by a minimal temperature increase of 
the mixture. They produce intermediate products by degenerate-branching mechanisms, 
which may, after a certain induction time, form enough active radicals to initiate a hot 
flame [69] – hence the term “two-stage ignition”. For many years methane was believed 
not to give rise to the phenomenon of cool flames but the experiments for fuel-rich mixtures 
conducted by Vanpee [144] and Caron et al. [30] showed that cool flames regions are found 
at higher temperatures, for very rich mixtures and are much narrower than for higher 
hydrocarbons.  
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Figure 2.5: ࢖ −   .explosion diagram showing the ignition limits for hydrocarbons schematically [145] ࢀ

2.1.2 Ignition Delay 

In the theories of thermal explosion of Semenov [124] (1935) and Frank-Kamenetskii [51] 
(1955) (see detailed explanation in Section 3.1), system temperature increases promptly 
after heat production from chemical reactions in the system outweigh the heat losses to 
the surrounding, thus leading to an instant thermal explosion of the air-fuel mixture (see 
Figure 2.6, left). In the case of hydrogen- and hydrocarbon-air mixtures, however, this 
temperature increase and the ensuing explosion only take place after a certain induction 
time referred to as ignition delay time, or simply ignition delay ߬ (see Figure 2.6, right). 
This phenomenon is characteristic of radical-chain explosions where reactive radicals are 
formed by chain-branching mechanisms. During the induction time, radical concentration 
increases at an exponential rate, yet the amount of fuel consumed, and hence the amount 
of heat released, are too small to increase system temperature noticeably. Finally, once the 
fraction of radicals becomes large enough to consume significant amounts of fuel, temper-
ature increases and the chemical explosion is initiated.  

 
Figure 2.6: Simplified time-dependent behaviour of a thermal (left) and a chain-branching (right) explosion 
in an adiabatic system [145]. 

Due to the temperature dependence of the involved elementary reactions, particularly of 
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their reaction rate constant ݇, ignition delay time strongly depends on temperature. Figure 
2.7 shows ignition delay times (logarithmic ordinate axis) for several air-hydrocarbon mix-
tures as a function of inverse temperature in a typical Arrhenius plot. It can be seen that 
it is possible to approximate the ignition delay with an exponential regression dependent 
on the reciprocal temperature. These relations can be expressed in the form ߬ = ௣௥௘ܣ ∙ ௡ି݌ ∙ ݁஻ൗ்  

 (2-2)

where ܶ  is the temperature, ݌ the pressure and ܣ௣௥௘, ݊  and ܤ fitted parameters that depend 
on the fuel. As can be seen from Eq. (2-2), ignition delay is also inversely correlated with 
pressure, yet to a minor extent. The term ܤ describes the pendent of the linear regressions 
shown in Figure 2.7. 

 
Figure 2.7: Calculated and measured ignition delay times for different air-hydrocarbon mixtures [145]. 

Since the ignition system presented in this work was primarily developed for igniting air-
NG mixtures, the following sections will focus on the main constituents of natural gas, like 
methane, ethane and propane. Most experimental ignition delay for pure fuels or fuel mix-
tures found in literature were obtained either by the use of rapid compression machines 
(RCM) or through shock tube experiments. Spadaccini and Colket [129] conducted a com-
prehensive literature review, complemented by own shock tube experiments, on the ignition 
delay of pure methane, methane with small fractions of either ethane, propane or butane 
and typical multi-component NG mixtures at high temperatures (1300 – 2000 K), moderate 
pressures (3 – 15 atm) and equivalence ratios between 0.45 and 1.25. They proved that 
small concentrations of higher hydrocarbons shorten ignition delay times compared with 
those of pure methane due to an earlier formation of radicals. All tested alkanes had a 
similar effect on the ignition delay, sharply reducing the induction time of the mixture. 
Based on their own work and a large data pool from literature they derived a generalised 
empirical correlation for the ignition delay valid for typical NG mixtures (formula modified 
according to [106]): 

߬ = 1.77 ∙ 10ିଵସ ∙ ሾܪܥସሿ଴.଺଺ ∙ ሾܱଶሿିଵ.଴ହ ∙ ሾܥܪሿି଴.ଷଽ ∙ exp ൬37.1ܴܶ ൰  (2-3)
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where the ignition delay is in seconds; ܴ is the universal gas constant in kcal/molK; ܶ is 
the temperature in K; the activation energy (ܧ௔), i.e. the energy that needs to be overcome 
during the reaction, is 37.1 kcal/mol; the concentrations of CH4 and O2 are expressed in 
mol/cm3 (ሾݔሿ = ௫݌ ܴܶ⁄ ), with ݌௫ being the partial pressure of the component; and the HC 
factor represents the total molar concentration of all non-methane hydrocarbons. The over-
all pressure dependence is ି݌଴.଻଼. It is common in literature to not include the pressure 
dependency in the formula but to scale ignition delay times using the correction factor. 
Petersen et al. [107] investigated higher pressures and presented a correlation for methane-
oxygen-dilute mixtures valid for a wider pressure range spanning 3 - 300 atm, with a 
pressure dependence of ି݌଴.଻ଶ, and a temperature range of 1400 - 2050 K: 

߬ = 4.05 ∙ 10ିଵହ ∙ ሾܪܥସሿ଴.ଷଷ ∙ ሾܱଶሿିଵ.଴ହ ∙ exp ൬51.8ܴܶ ൰  (2-4)

In later shock tube experiments, Petersen et al. [106] also investigated blends containing 
CH4, C2H6, C3H8 and H2 in air, yet at higher non-methane fuel concentrations and for 
pressures between 0.54 and 30 atm, temperatures from 1090 to 2001 K and a constant 
equivalence ratio of 0.5. Analogous to the findings in [129], they concluded that ignition 
delay decreases with increasing volumetric fraction of larger alkanes, and also of hydrogen. 
At the same time, no significant changes in activation energies when compared to methane-
only results were observed. 

Healy et al. [64, 65] published the perhaps largest and most extensive data set for ignition 
delay times of methane/ethane/propane mixtures up to date. They analysed the effects of 
fuel composition, pressure and equivalence ratio at low, intermediate and high tempera-
tures in both shock tube and RCM experiments. The plots in Figure 2.8, showing the 
ignition delay times for a blend of 90% CH4/6.6% C2H6/3.3% C3H8, allow illustrating several 
important dependencies exemplarily: evidently, ignition delay decreases with temperature; 
increasing pressures do, in fact, accelerate the ignition process, however, the effect is most 
pronounced at low pressures; leaning the mixture only has a minor effect on ignition delay. 
The change in slope for ignition delay at lower temperatures (reversed s-shape) is caused 
by the characteristic low-temperature chemistry of propane, leading to a marked change 
in activation energy at around 1000 K. As a side note, the authors were able to achieve a 
significant overlap in the experimental range of shock tube and rapid compression machine 
experiments and proved a good agreement among the data. 

A vast amount of reaction mechanisms have been developed over the years and validated 
with experimental data over wide ranges of temperature and pressure in order to under-
stand the process of ignition and predict ignition delay times, e.g. for the use in CFD codes. 
One of the more complex, openly accessible and widely used mechanisms, particularly de-
veloped for methane and natural gas combustion, is GRI-Mech 3.0 [128]. It contains 53 
species and 325 elementary reactions and is optimised for a temperature range between 
1000 and 2500 K, a pressure range of 0.13 to 10 bar and equivalence ratios between 0.1 
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and 5 (λ = 0.2 – 10). Figure 2.9 (left) shows the effect of pressure and temperature on the 
computed ignition delay for pure lean air-methane mixtures at λ = 1.5. The results were 
obtained using the open-source chemical kinetics solver Cantera Version 2.2.1 through a 
Matlab interface [58].  

 
Figure 2.8: Ignition delay time against inverse temperature  for 90% CH4/6.6% C2H6/3.3% C3H8 blends in 
“air” at ࣘ = 1 (left) and ࣘ = 0.5 (right) for different pressures [64, 65]. 

 
Figure 2.9: Calculated ignition delay times (as log(࣎)) for air-methane mixtures as a function of temperature ࢀ and pressure ࢖ (left) and temperature ࢀ and relative air-fuel ratio λ (right), Gri-Mech 3.0/Cantera 2.2.1. 

It is easy to deduct that temperature exerts the highest influence on ignition delay, causing 
an exponential decay in ߬ as the temperature is increased. The effect of pressure is highest 
in the region 1-5 bar. For higher pressures, ignition delay still decreases gradually, albeit 
with a reduced gradient, thus agreeing qualitatively with the experimental results from 
Healy et al. [64]. The right plot in Figure 2.9 illustrates the dependency of ignition delay 
on both temperature and relative air-fuel ratio at constant pressure. As compared to tem-
perature, mixture dilution appears to only have a minor effect. In fact, ߬ decreases slightly 
as the mixture is leaned, a contrasting finding compared to other hydrocarbons. However, 
this causal relationship has also been observed by Spadaccini and Colket [129] and Hu et 
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al. [71] for pure methane. The rather unique inhibiting effect of methane on ignition delay, 
as indicated by the negative reaction order in equations (2-3) and (2-4), is closely related 
to the formation of the methyl radical CH3, which competes with a chain-branching step 
for H, converting active H atoms to less active CH3 radicals [81]. With the aim of employing 
the reaction mechanism in ICE and gas turbine simulations, Hu et al. evaluated the per-
formance of several methane reaction mechanisms including GRI-Mech 3.0 at pressures 
from 1 to 10 atm. They found that ignition delay is well predicted for stoichiometric to 
lean mixtures (߶ = 0.5) in the pressure range 1 - 5 atm, while being underpredicted for 
10 atm. This needs to be accounted for, especially when leaving the validated pressure 
range of the mechanism. 

In summary, ignition delay is generally a function of mixture temperature and pressure, 
relative air-fuel ratio, and fuel composition. However, the experimental and numerical cor-
relations presented only represent a special case where the physical state of the mixture in 
terms of pressure, temperature and chemical composition can be regarded as constant. In 
an ICE, however, the physical state is time-dependent as a result of piston motion. A more 
simple, empirical approach to determine the timing of autoignition that accounts for the 
changing environment to which the air-fuel mixture is subjected is the widely used Liven-
good and Wu correlation [86]. It assumes that autoignition is triggered once the concen-
tration of chain carriers (ݔ) from a hypothetical gross pre-reaction reaches a critical value (ݔ)௖. The time-dependent evolution of the concentration of these reactive species is given 
by: ݀݀ݐ ቈ ௖቉(ݔ)(ݔ) = ߶ ൬߬ݐ൰  (2-5)

From Eq. (2-5) it follows that: (ݔ)(ݔ)௖ = න ߶ ൬߬ݐ൰ ௧ୀ௧೎௧ୀ଴ݐ݀ = 1  (2-6)

where ݐ௖ is the overall reaction time. Since the physical state of the mixture (or end gas if 
the aim is to predict knocking combustion) is not constant, leading to changing reaction 
rates over time, function ߶ cannot be obtained directly from experimental data. However, 
if it is assumed that the reaction rate does not change for a fixed time step (zero order 
reaction), ߶(ݐ ߬⁄ ) = 1 ߬⁄ , Eq. (2-6) can be written as: 

௣௥ܫ = න 1߬ ௧ୀ௧೎௧ୀ଴ݐ݀ = 1  (2-7)

where (ݔ) ⁄௖(ݔ)  is replaced by variable ܫ௣௥, henceforth referred to as “pre-reaction state”. 
Using the general definition of ignition delay ߬ from Eq. (2-2) with parameters ܣ, ݊ and ܤ 
fitted to experimental data for which autoignition occurs, the timing of the autoignition 
event can be calculated by integration, based on the recorded or simulated pressure and 
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temperature histories as a function of crank angle: 

௣௥ܫ = 16݊ ∙ නܣ1 ൬(ߙ)݌௡ ∙ ݁ି஻ ்(ఈ)ൗ ൰ ఈୀఈ೎ఈୀఈ಺ೇ಴ߙ݀ = 1  (2-8)

where ݀ݐ = (1 6݊⁄ -and ݊ is the engine speed. Due to its simplicity and low computa ߙ݀(
tional cost, the integral method is particularly suitable for CFD applications or online 
knock control, with fixed state ignition delay data in the relevant range of pressure and 
temperature, provided either by experiments or detailed reaction mechanisms. 

2.2 Combustion 

For premixed air-fuel mixtures, the formation of the flame kernel through induced ignition 
is followed by spatial flame propagation towards the end of the compression stroke, termed 
deflagration. The requirement for this to occur is that the number of chain-branching re-
actions outweighs those of chain-termination, i.e. the energy release from the chemical 
reaction in the plasma front exceeds the losses due to conduction and diffusion to the 
unburned gas ahead of the front [69]. In an ideal combustion process, fuel molecules react 
with oxygen to produce carbon dioxide and water. When ambient air provides the oxidiser 
and air humidity and fractions of residual gas are neglected, the complete combustion of 
hydrocarbons can be described by the following general chemical equation as a function of 
the relative air-fuel ratio λ: 

C୶H୷ + ߣ ቀݔ + 4ቁቆOଶݕ + ܿேమܿைమ Nଶቇ = COଶݔ + 2HଶOݕ + ቀݔ + ߣ)4ቁቆݕ − 1)Oଶ + ߣ ܿேమܿைమ Nଶቇ  (2-9)

where ݔ and ݕ are the number of carbon and hydrogen atoms of the hydrocarbon or hy-
drocarbon mixture, and ܿேమ and ܿைమ are the concentrations of N2 and O2 in air (other inerts 
like CO2 and Ar are neglected). The stoichiometry of combustion is used to describe the 
combustion macroscopically; it does not describe the actual chemical reactions taking place 
in the flame front. Instead, the combustion process follows highly complex reaction schemes 
that mainly depend on the type of hydrocarbon, the amount of oxidiser and diluents as 
well as on pressure and temperature. 

2.2.1 Flame Speed 

The rate of heat release or mass-burning of the combustion process of premixed mixtures 
is directly correlated to the speed at which the flame front propagates through the com-
bustion chamber. In turn, flame front propagation velocity ݏிி is a function of the turbulent 
burning velocity ்ݏ (velocity relative to the unburnt gas) and the transport or flow velocity ݏி caused by the gas exchange process and piston motion (unburnt gas velocity). It calcu-
lates as: 
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Ԧிிݏ  = Ԧ்ݏ + Ԧி  (2-10)ݏ

After mixture ignition, flame kernel growth is initially governed by the laminar burning 
velocity ݏ௅, as the kernel is small compared to the eddies of the flow field. Shortly after, 
the flame undergoes a transition to a fully turbulent flow [48]. With the introduction of 
turbulence, the flame begins to wrinkle and corrugate, eventually leading to enhanced 
transport properties caused by turbulent eddies in the flame zone. As a result, the flame 
front propagates at a speed that is not only a function of the mixture's chemical and 
transport properties but also by those of turbulence, reaching values several factors higher 
than the laminar burning velocity [69]. Using the laminar flamelet model, turbulent flame 
propagation can be described by the following geometrical argument:  ሶ݉ = ்ݏ்ܣ௨ߩ = ௅  (2-11)ݏ௅ܣ௨ߩ

Put in words, Eq. (2-11) describes that the mass flow entering the reaction zone of the 
flame front can be calculated either from the macroscopic speed of the turbulent flame ்ݏ 
and its mean flame front surface area ்ܣ, or from the local laminar burning velocity normal 
to the wrinkled flame and its much larger surface area ܣ௅. As a result, turbulent flame 
speed becomes a function of the ratio between both surface areas and the laminar flame 
speed, as illustrated in Figure 2.10: 

்ݏ = ்ܣ௅ܣ ௅  (2-12)ݏ

where ܣ௅/்ܣ can be determined by the following approach after Damköhler [45], introduc-
ing the turbulence intensity or fluctuating speed component ݑ′, calculated from the root 
mean square (RMS) of the velocity fluctuation: ܣ௅்ܣ = 1 + ௅  (2-13)ݏ′ݑ

Finally, one obtains a simple equation for the turbulent flame speed, only dependent on 
the laminar burning velocity and the turbulence intensity: ்ݏ = ௅ݏ + (14-2)  ′ݑ

 
Figure 2.10: Abstraction of a real turbulent flame (laser induced fluorescence of a methane burner flame) 
through the flamelet approach [116]. 
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Eq. (2-14) represents the simplest approach to compute the turbulent flame speed, suffi-
cient to illustrate the two main influencing factors, but its agreement with experimental 
data can be improved if it is enhanced by additional terms, see e.g. [10, 76, 77, 90]. Tur-
bulence intensity ݑ′ is proportional to engine speed [90] and primarily governed by the flow 
field inside the cylinder, shaped by intake port and piston geometry (swirl, tumble and 
squish). Laminar burning velocity 	ݏ௅ is determined by reaction kinetics and heat transfer 
and diffusion processes in the flame front and is an intrinsic property of a fuel at specific 
air-fuel ratio, diluent composition, pressure and temperature [38].	ݏ௅ can be determined 
experimentally or using detailed reaction mechanisms (e.g. in Chemkin or Cantera). An 
overview of experimental methods, such as burner, constant volume combustion chamber 
(CVCC) or soap bubble methods, can be found in [29, 114].  

Figure 2.11 plots laminar burning velocities measured in a CVCC as a function of equiva-
lence ratio for alkanes C1-C8 at constant temperature and pressure. It can be seen that 
methane (CH4) has the lowest and ethane (C2H6) the highest burning velocity. Those of 
C3 and larger linear alkanes are nearly equivalent, intermediate between methane and 
ethane. All traces show a maximum for slightly rich-of-stoichiometric mixtures, decreasing 
rapidly to either side as a function of equivalence ratio. 

 
Figure 2.11: Laminar burning velocity measurements as a function of the equivalence ratio φ for C1-C4 alkanes 
(left) and for C5-C8 alkanes (right) at 450 = ࢀ K and 304 = ࢖ kPa [49]. 

For stoichiometric to increasingly lean air-methane mixtures, Figure 2.12 shows GRI-
Mech 3.0 results on the effect of pressure on the laminar burning velocity at two different 
temperatures of ܶ = 300/1100 K. With increasing mixture pressure, the importance of the 
recombination reaction ܪ + ܱଶ + ܯ → ଶܱܪ  increases, leading to a slowed heat release ܯ+
and a decreased laminar burning velocity [150]. An increasing mixture temperature, on the 
other hand, leads to a significant increase in ݏ௅, caused by the increased adiabatic flame 
temperature that promotes the reaction rate in the flame front. As mentioned before, lean-
ing decreases the laminar burning velocity, though the effect becomes more significant with 
pressure and less significant with temperature [150]. This is of particular interest for low-
temperature lean-burn operation in ICE, as combustion duration is directly linked to the 
speed of flame propagation, with a slowing combustion typically being adverse to engine 
efficiency.  



20|   2 Fundamentals
 

 
Figure 2.12: Effect of pressure ࢖ and equivalence ratio ࣘ on the laminar burning velocity ࢙ࡸ of air-methane 
mixture at 300/1100 = ࢀ K (GRI-Mech 3.0) [117]. 

2.2.2 Lean-Burn Operation 

Operating an engine with more oxygen than that required for complete combustion is and 
has been applied in a variety of different applications and for different reasons. It is a 
common practice in four-stroke stationary gas engines for cogeneration, with natural gas 
and biogas being the most common sources of fuel. At the bottom end of the power range, 
lean-burn engines are usually naturally aspirated (e.g. SenerTec Dachs G5.5 with ௘ܲ௟ = 5.5 kW), while being turbocharged (up to two stages) in the upper power range (e.g. 
MAN 51/60G TS with ௘ܲ௟ = 20.4 MW). Other fields of application are large-bore marine 
engines (SI or Diesel pilot injection), heavy-duty on-road engines (e.g. CNG busses up to 
EURO V) or as a part-load concept to reduce pumping losses in automotive spark ignited 
DI engines.  

The most evident advantage of lean-burn operation is the increased thermal efficiency of 
the high pressure phase. Thermal efficiency of an ideal SI engine, represented by the ther-
modynamic Otto cycle, can be described by Eq. (2-15), where ݎ is the engine’s compression 
ratio and ߛ the ratio of specific heat capacities of the mixture: 

ߟ = 1 − (2-15)  (ఊିଵ)ݎ1

At ambient conditions, air has a ߛ of about 1.4 while that of hydrocarbons usually lies in 
the range of 1 - 1.3. Evidently, increasing the fraction of air (leaning), increases ߛ, but this 
alone does not explain any significant improvement in thermal efficiency. Since ߛ	 = 	ܿ௣/ܿ௩ 
and both ܿ௣ and ܿ௩ increase with temperature, but differ from each other by a fixed con-
stant, it applies that ߛ decreases with temperature. Due to the direct correlation between 
relative air-fuel ratio and the amount of heat released, combustion temperatures are highest 
for near-stoichiometric mixtures, leading to the most significant drop of ߛ over the cycle. 
For the ideal engine, with isochoric heat release at TDC, real gas properties (e.g. using 
JANAF tables) and no wall heat losses, one obtains the arbitrarily selected traces of ther-
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mal efficiency versus compression ratio for stoichiometric (λ = 1) and lean (λ = 1.6) com-
bustion shown in Figure 2.13. Exemplarily, for a compression ratio of 9, leaning the mixture 
would result in an increase of thermal efficiency of 4 %-points. 

A secondary but vital benefit of leaning out the mixture is the lowered tendency to engine 
knocking [152]. Depending on whether the engine is naturally aspirated or turbocharged, 
this can be taken advantage of in two ways:  

− Naturally aspirated engines: Increase of the compression ratio to obtain further gains 
in thermal efficiency, as indicated in Figure 2.13. Increasing ݎ from 9 to 13.2 allows for 
an additional gain in thermal efficiency of 6 %-points. 

− Turbocharged engines: Increase of compression ratio and boost pressure to enable 
higher engine power for same engine displacement, leading to improved engine efficien-
cies, comparable to Diesel engines, due to the increased IMEP/FMEP ratio. 

 
Figure 2.13: Ideal engine, isochoric combustion at TDC, no wall heat losses (after [85]). 

The lower combustion temperatures in lean-burn operation are also responsible for reduced 
heat losses to the cylinder walls, allowing for more fuel energy to be transformed into engine 
work [10]. In addition, the overall thermal stress on critical components, such as exhaust 
valves and valve seats, is reduced, being particularly important for engine durability in 
stationary applications. Nonetheless, several disadvantages pose eminent challenges in the 
development of lean-burn combustion processes: 

- Increased overall combustion duration as a result of reduced laminar flame speed (see 
Section 2.2.1): As combustion diverges further from the optimal constant volume com-
bustion at TDC, thermal efficiency decreases and the heat transfer losses to the cylinder 
walls increase [35]. 

- Higher demand of ignition energy owing to the necessity of advancing spark timing and 
the reduced ignition quality caused by both mixture dilution and the less favourable 
thermodynamic conditions at spark timing (lower temperature and pressure) [75]. 

- Lower combustion temperatures that increase emissions of HC and enhance the risk of 
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partial burns. 
- Increased delay in the time of flame kernel formation, causing higher cycle-by-cycle 

variations (see Section 2.2.3). 
- Three-way catalysts do not function to reduce NOx under excess of oxygen and it needs 

to be reduced either by lowering combustion temperatures or by costly aftertreatment 
systems (see Section 2.2.2). From this it follows that the best way to operate a lean-
burn engine is often a trade-off between engine efficiency and low emissions. 

- For naturally aspirated engines: Leaning is achieved by providing less fuel to the com-
bustion chamber. This leads to a drop in IMEP and engine power. As absolute friction 
losses remain practically constant, this will result in a worsened IMEP/FMEP ratio 
and may cause fuel penalty (increased BSFC) if thermal efficiency of the combustion 
process is not improved significantly (reduced ISFC). 

It becomes evident that both the engine and its ignition system need to be designed for 
lean-burn operation in order to make use of the thermodynamic advantages. When the aim 
is to mitigate the NOx output by further leaning of the mixture, particular attention needs 
to be paid to the process of flame kernel development and the flow conditions during flame 
propagation.  

2.2.3 Cycle-by-Cycle Variations 

Cycle-by-cycle variations (CCV) in internal combustion engines are defined as any observ-
able differences in the in-cylinder pressure trace on a cycle-by-cycle basis. This cyclic var-
iability is usually attributed to unavoidable stochastic fluctuations in mixture composition, 
temperature and flow field due to the turbulent nature of the in-cylinder flow, but can, 
under certain circumstances, be further influenced by deterministic effects. Spatial and 
time-dependent inhomogeneities in the proximity of the ignition source (e.g. in the spark 
gap) affect rate and location of flame kernel development, leading to both varying timings 
of the start of combustion and variable shapes of the early flame front. As a result of the 
turbulent flow field of the bulk gas in the combustion chamber, the subsequent flame 
propagation is also subject to CCV, leading to cyclic variations in combustion duration. 
The degree of cyclic variations is known to increase with mixture dilution as a result of the 
slowing flame development rate and reduced laminar flame speed [103]. CCV are undesir-
able as they cause losses in power and efficiency and increase the risk of engine knocking 
in cycles with overadvanced combustion phasing and that of partial burns and misfires in 
cycles with very long flame initiation periods. As shown later in this work, CCV can also 
be detrimental to the amount of emitted pollutants. 

Increasing cycle-by-cycle variations is what defines the lean-burn limit (LBL) of an engine, 
i.e. the maximum excess air the engine can be operated with under acceptable combustion 
instability. Reducing CCV in order to increase engine stability and enhance the lean-burn 
limit is therefore an important target of today’s lean-burn engine development. Several 
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statistical parameters, mostly derived from the in-cylinder pressure signal, have been com-
monly used to quantify CCV. These include the standard deviation and the coefficient of 
variance of IMEP, ߪூொ௉ and ܱܥ ூܸொ௉, and the standard deviation of the angular position 
of ݌௠௔௫. In this work, the lean-burn limit is arbitrarily defined as ܱܥ ூܸொ௉ = 10 %. Cyclic 
variations in the heat release profile are expressed as ߪେ୅௫ and ߪେୈ, where CAx is the 
position of x % mass fraction burnt (MBF) in degrees crank angle (°CA) and CD the 
combustion duration. 

2.2.4 Emissions 

Combustion does not follow the one-step reaction from Eq. (2-9). Instead, the complex 
nature of chemical reactions inside the propagating flame front leads to an incomplete 
combustion and thus to additional combustion products in the exhaust gas. For gaseous 
fuels, the most relevant pollutants are carbon monoxide (CO), unburnt hydrocarbons (HC) 
and nitrogen oxides (NOx), while for solid and liquid fuels, particularly for diffusive com-
bustion in directly injected Diesel and SI engines, soot and particles may also be formed. 
Typical dependencies for a gas engine for CO, HC and NOx as a function of the relative 
air-fuel ratio λ are shown in Figure 2.14.  

 
Figure 2.14: Typical qualitative pollutant concentration in the exhaust gas of a gas engine as a function of 
relative air-fuel ratio λ (based on [154]). 

To understand what causes the formation of CO, HC and NOx during the combustion 
process of premixed air-fuel mixtures in ICE and how they can be limited, the following 
subsections give a brief overview of the most relevant emission formation mechanisms. 

2.2.4.1 Carbon Monoxide (CO) 

Carbon monoxide (CO) is an intermediate product of the oxidation of hydrocarbons and 
highly dependent on air-fuel ratio and temperature. It is toxic to humans and can result in 
fatality when exposed to levels of 1000 ppm after one hour of exposure [102]. For rich 
combustion at λ < 1, large amounts of CO will remain in the exhaust gas owing to the 
lack of enough oxygen to complete the reaction to CO2. For stoichiometric (λ = 1) and 
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moderately lean (λ > 1) conditions, CO levels remain low as combustion temperatures are 
sufficiently high for the principal CO oxidation reaction  ܱܥ + ܪܱ ↔ ଶܱܥ + (16-2)  ܪ

to take place. For very lean mixtures, low combustion temperatures cause incomplete com-
bustion in the cold cylinder wall areas, inhibiting the kinetically controlled reaction (2-16) 
and leading to slight but gradual increase of emitted CO. 

2.2.4.2 Unburnt Hydrocarbons (HC) 

The impact of emitted unburned hydrocarbons (HC, UHC or THC – total hydrocarbons) 
on the environment depends strongly on their composition. While some hydrocarbons like 
polycyclic aromatic hydrocarbons (PAH) are carcinogenic and pose an immediate threat 
to human health, lighter volatile hydrocarbons, primarily methane, are harmful on a mac-
roscopic scale due to their high global warming potential in the atmosphere [140]. Further-
more, emitted hydrocarbons can react with NOx in the presence of sunlight to form photo-
chemical smog [84]. 

Just like CO, HC are the result of an incomplete combustion of the hydrocarbon fuel and 
follow a similar trend over the relative air-fuel ratio. Nevertheless, the formation of CO is 
predominant for fuel-rich mixtures, leading to an increasingly smaller HC/CO ratio as the 
mixture is enriched further [120]. For mixtures at λ > 1, there is no significant HC con-
centration behind the flame front [89], but HC is rather formed in areas that cannot be 
reached by the flame. These processes are highly complex, depending on numerous factors 
such as the combustion process (e.g. SI, Diesel, HCCI), the state of the fuel (gaseous or 
liquid), the type of mixture preparation (premixed or stratified), combustion phasing and 
the shape of the combustion chamber. The most commonly cited origins of unburnt hydro-
carbons in premixed homogenous combustion can be summarised as follows [69, 73, 89, 
143, 145]: 

− Flame extinction in small crevice volumes due to excessive cooling of the flame front’s 
reaction zone 

− Flame quenching at cold combustion chamber walls 
− Absorption and desorption of fuel vapour in oil layers and deposits on the cylinder liner 

and walls 
− Hydrocarbons from lubricants 
− Misfires of partial burns when combustion quality is low (e.g. at high λ or EGR rates 

or poor combustion phasing) 
− Flame extinction due to flame strain, particularly relevant for rich and lean mixtures, 

caused either by highly turbulent flows or too low flame speeds during the expansion 
stroke 

− Scavenging of unburnt mixture into the exhaust path during the valve overlap 
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From this it follows that unburnt hydrocarbons that escape the combustion chamber are 
mainly formed at lower temperatures. As they mix with the significantly hotter exhaust 
gas in the exhaust gas manifold, substantial post-oxidation may occur, thus leading to 
lower HC emissions at the tail-pipe than those present in immediate vicinity to the exhaust 
valve [69].  

2.2.4.3 Nitrogen Oxides (NOx) 

Nitrogen oxides (NOx), mostly comprised by nitric oxide (NO) and nitrogen dioxide (NO2), 
are a major contributor of photochemical smog and ozone in urban air and participates in 
the chain reaction removing ozone from the stratosphere [145] and are in part responsible 
for acid rain. Furthermore, direct exposure to NO2 may harm the respiratory ways of 
humans [151]. For stoichiometric and moderately lean combustion, most NOx is emitted as 
NO, but will eventually oxidise to NO2 in the atmosphere, given a sufficiently long time 
[83, 90]. The generally accepted routes of NOx formation are thermal NO and NO2, prompt 
NO, NO via the N2O mechanisms and fuel NO. However, the contribution of the last three, 
for lean-burn operation in particular, is usually of reduced significance.  

Thermal NO: 

The most significant and arguably best-understood NO formation mechanisms is that of 
thermal NO, first suggested by Zeldovich (1946) and then extended by Lavoie et al. [80]. 
In conventional internal combustion processes, thermal NO is formed at high temperatures 
and pressures in both the flame front and the burnt post-flame gases [69] and is the main 
contributor to total engine-out NO. While the maximum value of the adiabatic flame tem-
perature occurs for slightly rich air-fuel mixtures as a result of dissociation processes [82], 
the NO peak is shifted to slightly lean mixtures. This can be explained by the increasing 
fraction of O2 when leaning out the mixture that initially offsets the falling gas tempera-
tures [69]. The NO formation mechanism consists of the three elementary reactions (1-3): 

ܱ + ଶܰ ௞భ↔ ܱܰ + ܰ  (2-17)

ܰ + ܱଶ ௞మ↔ ܱܰ + ܱ  (2-18)

ܰ + ܪܱ ௞య↔ ܱܰ + (19-2)  ܪ

where the forward (f) and reverse (r) reaction rate constants ݇ are determined experimen-
tally (see examples in [69, 90, 145]). According to steps 1-3, the rate of NO formation/con-
sumption can be expressed as: ݀ሾܱܰሿ݀ݐ = ݇ଵ,௙ሾܱሿሾ ଶܰሿ + ݇ଶ,௙ሾܰሿሾܱଶሿ + ݇ଷ,௙ሾܰሿሾܱܪሿ− ݇ଵ,௥ሾܱܰሿሾܰሿ − ݇ଶ,௥ሾܱܰሿሾܱሿ − ݇ଷ,௥ሾܱܰሿሾܪሿ  

(2-20)
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where ሾ	ሿ denotes species concentrations in mol/cm3 when ݇ is expressed in cm3/mol⋅s. In 
the same manner, the rate of N formation/consumption can be written as ݀ሾܰሿ݀ݐ = ݇ଵ,௙ሾܱሿሾ ଶܰሿ − ݇ଶ,௙ሾܰሿሾܱଶሿ − ݇ଷ,௙ሾܰሿሾܱܪሿ− ݇ଵ,௥ሾܱܰሿሾܰሿ + ݇ଶ,௥ሾܱܰሿሾܱሿ + ݇ଷ,௥ሾܱܰሿሾܪሿ  

(2-21)

Due to the high reaction rates in steps 2 and 3, the atomic nitrogen formed in step 1 reacts 
immediately and its concentration can be assumed to be in steady-state, thus yielding ݀ሾܰሿ/݀ݐ = 0 [69, 89, 145]. With this assumption, the unknown concentration ሾܰሿ can be 
isolated in Eq. (2-21) and used to eliminate it from the first elementary reaction in Eq. 
(2-20).  

Step 1 has a very high activation energy and is the rate limiting step of thermal NO 
formation due to its much smaller reaction rate compared with steps 2 and 3, by several 
orders of magnitude [145]. From this, it can be easily deduced that NO formation is pri-
marily a function of the temperature dependent ݇ଵ,௙ and the concentrations of both O and 
N2. As a result of this strong exponential temperature dependence, NO formation is de-
scribed to be kinetically controlled [90]. The combination of a slow controlling reaction rate 
and the short residence times at high temperatures in the combustion chamber, hinder 
reactions 1-3 from reaching chemical equilibrium, leading to “frozen” NO concentrations 
in the exhaust. This mechanism is illustrated in Figure 2.15. 

 
Figure 2.15: Qualitative NO concentration over crank angle for chemical equilibrium and kinetically controlled 
NO formation [90].  

Thermal NO2: 

The primary reaction for NO2 formation is given by Eq. (2-22) [85]: ܱܰ + ଶܱܪ → ܱܰଶ + (22-2)  ܪܱ

Since the formation of HO2 is retarded by the presence of NO, NO is the principal constit-
uent when NOx levels are high [101]. In contrast, when maximum combustion temperatures 
and NOx levels are low, e.g. for high mixture dilution or late combustion phasings, more 
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HO2 is available and the NO/NO2 equilibrium may shift to the NO2 side, leading to a 
predominant formation of NO2 [70, 101, 120].  

2.2.4.4 Emission Limits for Stationary Gas Engines 

The amount of pollutants that the engine is allowed to emit to the atmosphere is usually 
subject to European, national, state or even local regulation, though the type of regulated 
pollutants and their limit vary depending on several factors such as the type of application, 
the engine’s power output, the type of fuel employed or the type of combustion process. In 
Germany, for example, the pollutant emission of large-bore stationary gas engines used in 
combined heat and power installations with a fuel input power above a rated thermal input 
of 1 MW are limited by TA Luft 2002 (Technical Instruction on Air Quality Control) [28], 
though a more stringent amendment is expected towards the end of 2017 [26]. The emis-
sions of smaller gas engines, typical for micro- and mini-CHP units, however, are currently 
not subject to specific emission requirements. §22 of the BImSchG (Federal Immission 
Control Act) merely states the requirement to “take all measures feasible according to the 
state of the art in order to avoid air contamination by pollutant emission”. Most subsidy 
programmes initiated to promote the expansion of small CHP systems have set meeting 
the TA Luft limits as one or their fundamental requirements. In practice, this has led to 
most producers of CHP units below 1 MW meeting TA Luft. In 2018, however, the more 
stringent EU Commission Regulation No. 813/2013 [47] will enter into force across the 
whole European Union and be applicable to all CHP units with a rated electric power 
below 50 kWel. Table 2.1 gives a comparison of the limits of TA Luft and CR EU No. 
813/2013: 

Table 2.1. Emission limits for TA Luft [28] (for lean-burn NG engines, ≥ 1 MW of fuel input, dry NOx at 5 % 
O2) and CR EU No. 813/2013 [47] (below 50 kW of generated electric power). 

 TA-Luft 2002 CR EU No. 813/2013 

CO 300 mg/mN
3 - 

THC - - 

NOx 
500 mg/mN

3 
(equivalent to 

≈ 200 ppm at λ = 1.6) 

240 mg/kWh in terms 
of higher heating value 
of total fuel input (HHV) 
(equivalent to slightly 

below ½ TA Luft) 
Formaldehyde 60 mg/mN

3 - 

Where combustion related measures do not suffice, the conventional approach to mitigate 
CO in the exhaust of natural gas driven cogeneration engines is by aftertreatment using 
oxidation catalysts (OC). Given a good condition of the catalyst (no thermal ageing or 
sulphur poisoning) and a sufficiently high catalyst temperature above the CO light-off 
temperature, they operate very effectively for slightly rich, stoichiometric and lean exhaust 
gas. OC are also used to reduce unburnt hydrocarbons, though aftertreating methane-HC 
is much more challenging due to its unwillingness to react at low exhaust gas temperatures. 
As exhaust gas temperature is a function of λ, HC can be oxidised fairly well for combustion 
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close to stoichiometric. As the mixture is leaned, however, exhaust gas temperatures drop, 
leading to poor HC conversion rates inside the catalyst. For this reason, methane-OC for 
lean-burn operation need to be allocated close to engine outlet and usually contain large 
fractions of palladium to reduce the catalyst’s light-off temperature and increase conversion 
efficiency at low temperatures. While the aforementioned emission limits do not relate to 
THC, the focus on methane, having a much larger global warming potential than CO2, 
may intensify in the future. Engine-out NOx emissions can be reduced fairly easy in oxida-
tion catalysts when the engine is operated at stoichiometric conditions, but the excess of 
oxygen during lean-burn operation inhibits the three-way reaction. As a result, alternative 
approaches, either combustion-related by reducing combustion temperature (e.g. EGR, 
water injection, further leaning or retarded combustion phasing), or in the form of lean-
burn aftertreatment systems like SCR (Selective Catalytic Reduction) or NSC (NOx Stor-
age and Reduction Catalyst) systems need to be pursued, without significant drawbacks in 
engine efficiency. On one level with engine and component durability, this constitutes one 
of the biggest challenges in today’s lean-burn engine development and will be addressed in 
the present work. 

2.3 Ignition Systems for Lean-Burn Operation 

The reduced ignitability of lean mixtures and the need to minimise cycle-by-cycle variations 
in the flame development phase make high demands on the ignition system. In particular 
for stationary applications, where high operating hours require the engine components need 
to be robust and durable, the limits of conventional spark ignition are reached. This chapter 
gives a brief overview of established lean-burn spark ignition systems and their limitations 
and presents alternative approaches that are currently subject to research. 

2.3.1 Spark Ignition and Prechamber Spark Ignition 

Spark ignition (SI) represents the state-of-the-art technology for initiating the combustion 
process in lean-burn gas engines. It relies on an electric discharge between two electrodes 
towards the end of the compression stroke that produces a high-temperature plasma, ca-
pable of forming enough radicals in the spark gap to induce a self-sustained, propagating 
flame front. According to the Paschen’s Law (1889), breakdown voltage is a direct function 
of pressure ݌ and electrode distance ܦܧ if temperature is regarded as constant (see Figure 
2.16, left). As a result, all measures that increase in-cylinder pressure at spark timing, i.e. 
higher compression ratios and mean effective pressures, cause an increase in ignition volt-
age. According to Rager [112], the arc discharge phase after the breakdown is responsible 
for most spark erosion. For platinum electrodes, he found that spark erosion, expressed as 
the volume of removed electrode material per spark, is a linear function of ignition voltage 
(see Figure 2.16, right). The erosion process, in turn, increases the spark gap and therefore 
the ignition voltage until the ignition system can no longer sustain the secondary voltage 
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and misfire results, thus being the main factor limiting spark plug durability [88]. 

 
Figure 2.16: Breakdown voltage  for several gasses at constant temperature (left) and spark erosion of plati-
num (Pt) electrodes as a function of ignition voltage (right) [112].  

In terms of durability, the development of spark plugs for stationary lean-burn operation 
is more challenging compared to conventional spark plugs for mobile applications with 
stoichiometric mixtures for several reasons: 

− Longer operating hours (replacing intervals of 4000 h and above as opposed to roughly 
600 – 1200 h for conventional automotive spark plugs) 

− Increased ignition energy and spark gap to safely ignite the mixture and reduce CCV 
− Higher compression ratios and increased mean effective pressures, leading to higher 

pressures at spark timing 

Figure 2.17 shows examples of spark plugs and spark ignition concepts for lean-burn oper-
ation for increasingly lean main mixtures. The range spans from standard J-gap spark plugs 
with platinum and/or iridium alloy reinforced electrodes for increased life-time, over spark 
plugs with multiple ground electrodes to distribute the wear, to passive and scavenged 
prechambers.  

Passive prechambers are designed to enhance the lean-burn limit by reducing the time of 
flame development and the variability in the flame development angle (duration between 
spark timing and the formation of a stable flame kernel), and to accelerate the combustion 
process. Systems found in series operation, usually in the form of a prechamber spark plugs, 
show one major difference to conventional spark plugs: The electrode is positioned inside 
a small prechamber, usually about 1-3 % of the compression volume [76, 109], connected 
to the main combustion chamber via a determined amount of orifices or channels. By doing 
so, the flow conditions inside the prechamber and, in particular, in the spark gap, can be 
partly decoupled from the main in-cylinder flow and its cyclic variability. Instead, the flow 
conditions become a function of the pressure difference between the main combustion 
chamber and the prechamber and the amount, size and orientation of the prechamber 
bores, often distributed such that moderate swirl is created inside the prechamber. When 
the mixture is ignited, a flame develops, thereby increasing the pressure difference to the 



30|   2 Fundamentals
 
main chamber. As a result, turbulent flame jets or torches of burning and partly burnt 
mixture penetrate into the main chamber, thereby initiating the combustion process widely 
and rapidly due to the increased surface area of the numerous inflammation sites. 

 
Figure 2.17: Examples of spark plugs and spark ignition concepts for lean-burn engines. 

Figure 2.18 depicts examples of optical images of the propagating flame front, recorded for 
conventional spark ignition and prechamber spark ignition (PCSI) on transparent engines. 
While a fairly spherical flame front develops from a single flame kernel in the spark gap 
for conventional spark ignition, multiple, distributed and lengthened ignition sites are 
formed by the jets for PCSI. The large penetration depth, which is primarily a function of 
the rate of heat release inside the prechamber and the number and diameter of orifices, 
enables a rapid combustion of the main charge.  

Large-bore turbo-charged gas engines also make use of the advantages of the prechamber 
concept. Passive prechamber spark plugs do, however, not suffice to ignite the very lean 
mixtures (λ ≥ 2.0) at high mean effective pressures (BMEP > 22 bar) at which the engines 
need to be operated in order to attain highest engine efficiency (ߟ௘ > 50 %) and meet 
stringent emission limits. The most common approach is to improve ignition quality by 
injecting additional fuel or mixture directly into the prechamber to minimise the residual 
gas fraction and create a highly reactive stoichiometric mixture (scavenged prechamber). 
Examples are the currently most powerful SI gas engine MAN 51/60G [21] with ௘ܲ௟ = 20.7 MW or the GE Jenbacher J920 with ௘ܲ௟ = 10.3 MW [137]. The fast-burning 
high-energy jets penetrate the main combustion chamber, increase the level of turbulence, 
thus allowing for a fast and efficient fuel depletion, even of highly diluted or low-grade 
mixtures, such as biogas and landfill gas. Scavenged prechambers have also been studied 
for mobile light-duty applications (e.g. [9, 25, 57]) and heavy-duty commercial applications 
[125]. According to [61], a similar concept of mixture enrichment has been introduced by 
Ferrari and Mahle in Formula One. 
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Figure 2.18: Exemplary visualisation of flame propagation in transparent engines for conventional spark igni-
tion (SI) [109] and prechamber spark ignition (PCSI) [76] recorded with an ICCD camera to detect flame OH 
radiation. 

BPI (Bowl Prechamber Ignition) is another approach to enrich the mixture inside the 
prechamber and enhance the lean-burn limit. After creating a fairly homogeneous main 
mixture by a first injection of about 98 % of fuel during the intake stroke, the remaining 
2 % is injected into a small centrally arranged piston bowl during the compression stroke. 
As the piston moves upwards, a specially designed prechamber dips into the bowl and the 
locally enriched mixture is transported into the prechamber, thereby creating near-stoichi-
ometric conditions in the spark gap at spark timing. Detailed information can be found in 
[76, 147].  

2.3.2 Alternative Ignition Systems 

In recent years, large number of alternative ignition systems have been developed and 
investigated, all aiming to improve combustion stability and efficiency in highly diluted 
(lean-burn and EGR) operation while avoiding the inherent problem of spark ignition: 
electrode wear. Concepts that have received most attention but are still in the research or 
development phase, namely corona and laser ignition, shall be reviewed briefly here.  

Recently, Corona or high-frequency ignition has been in the focus of many research papers, 
e.g. [20, 22, 36, 60, 62, 108, 136]. Its principle is based on electric discharges, generated by 
a strong inhomogeneous electric field at sharp or spiked electrodes. The discharges produce 
a large chemically activated, non-thermal plasma (see Figure 2.19, left), with a reactive 
mixture volume that is up to three orders of magnitude larger than that of conventional 
spark ignition [62]. This has several advantages: First, the burning delay, defined as the 
delay between ignition timing and 5 % mass fraction burnt (CA5), is reduced, allowing for 
a reduction in cyclic combustion variability [36, 60, 62, 136]. Second, the volume ignition 
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causes a faster heat release that allows for ignition timing to be retarded for same combus-
tion phasing or combustion phasing to be advanced due to the reduced knocking tendency 
[20, 22, 108]. Since the size of the Corona discharge is inversely dependent on pressure [20], 
Corona ignition seems most promising for igniting highly diluted mixtures at lower engine 
load [60]. As of 2017, however, corona ignition systems have not yet been introduced in 
series applications and it is not clear how they would perform in terms of durability and 
cost efficiency in stationary gas engines.  

Laser ignition is based on short intensive laser pulse that is introduced into the combustion 
chamber through an optical access. The pulse is focused by a convex lens (see Figure 2.19, 
right), thereby providing sufficient energy to form at hot plasma at the ignition site at the 
focal point of the lens. The main advantage of this system, making it particularly interest-
ing for premixed high-load lean-burn operation, are the decrease of required ignition energy 
as in-cylinder pressure rises [142], and the high flexibility in focal point location [56]. The 
latter enables short flame distances, retarded pulse timings and reduces the risk of knock-
ing. Current disadvantages that hinder its market introduction are high system complexity 
and costs, and an insufficient durability of the optical components [142]. 

 
Figure 2.19: Examples of a high frequency Corona ignition system from BorgWarner Beru Systems [22, 142] 
and a Nd:YAG ns-laser ignition system [135]. 

Currently, neither of the ignition systems presented above appears to be a viable replace-
ment for prechamber spark ignition in small cogeneration engines, mostly due to the un-
proportionally high system cost. The hot surface ignition (HSI) system developed and pre-
sented herein offers a more simplified and inexpensive solution, as it relies on production 
components and can be retrofitted in any engine without design modifications. The same 
main benefits are expected in terms of mixture ignition: increased combustion stability 
through an increased reactive volume, thus allowing for an extension of the lean-burn limit 
and a reduction of NOx. At the same time, electrode wear is avoided, which holds out the 
prospect of longer ignition system life time and reduced maintenance costs. 
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3 Hot Surface Ignition 

Most work published in literature addresses the topic of hot surface ignition (HSI) from 
the point of view of explosion prevention when liquid, gaseous or solid fuels interact with 
hot components under ambient conditions, or as an undesired pre-ignition phenomenon in 
internal combustion engines. In other cases, the interaction with a glowing surface is in-
tentional, e.g. in the case of hot surface igniters in gas furnaces, or glow plugs in Diesel 
engines, used to promote ignition quality of the mixture during cold start. In this work, 
however, HSI is not seen as a hazard or enabler, but as an alternative to spark ignition in 
Otto engines running on natural gas. Therefore, after introducing the fundamental aspects 
of ignition on hot surfaces, this chapter will focus on reviewing the state-of-the-art on 
deliberate surface ignition in ICE. 

3.1 Fundamentals of Hot Surface Ignition 

Describing the chemical reactions taking place in a boundary layer that is exposed to some 
sort of flow is a highly complex task, even more so if the flow field is turbulent and subject 
to temporal change. Most technically relevant problem formulations, hot surface ignition 
being one of them, require assumptions and simplifications to be solvable by analytical 
methods.  

3.1.1 Thermal Explosion Theory 

The majority of simplified analytical approaches that describe the ignition process and the 
critical conditions for ignition on hot surfaces are based on the thermal ignition and explo-
sion theories of Semenov [124] (1935) and Frank-Kamenetskii [51] (1955). Their core ele-
ment is the equilibrium or non-equilibrium between heat production by chemical reactions 
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and heat losses to the surrounding. Therefore, hot surface ignition is dominantly influenced 
by reaction kinetics and heat dissipation and it is assumed that there is no induction time 
nor reactant consumption prior to ignition and molecular diffusion is neglected. The main 
difference between both approaches is that Semenov assumes homogeneous temperature in 
the entire control volume with heat losses being calculated through Newton’s law of cooling, 
while Frank-Kamenetskii considers a temperature profile of the mixture, determined by 
Fourier’s law of heat conduction. The heat liberated by the chemical reaction is given by: ݍሶ௣௥௢ௗ = ௜ܪ ∙ (1-3)  ݎ

where ܪ௜ is the lower heating value of the fuel in kcal/mol and ݎ the reaction rate describing 
the amount of heat release by time and volume unit. Assuming a chemical reaction of 
second order, ݎ adopts the unit mol/cm3s and can be calculated through Eq. (3-2): ݎ = ݇଴ ∙ ܿଵ ∙ ܿଶ  (3-2)

where ݇଴ denotes the temperature-dependent reaction rate constant, and ܿଵ and ܿଶ the 
concentration of fuel and oxidiser in mol/cm3, respectively. ݇ ଴ depends on chemical kinetics 
and needs to be determined either experimentally or numerically through reaction mecha-
nisms. Conventionally, it is expressed in the following Arrhenius form: 

݇଴ = ௣௥௘ܣ ∙ ܶ௡ ∙ ݁ିாೌோ்   (3-3)

with the apparent activation energy ܧ௔ in kcal/mol, the universal gas constant ܴ in 
kcal/molK and the mixture temperature ܶ in K. According to the theory of Semenov, heat 
losses can be calculated based on the convective heat transfer coefficient ℎ, the control 
volume 	ܸ and its surface area ܣ and the cold wall temperature ଴ܶ: 
ሶ௟௢௦௦ݍ = ℎ ∙ ܣܸ ∙ (ܶ − ଴ܶ)  (3-4)

Figure 3.1 shows the dependency of heat production and losses qualitatively as a function 
of mean gas temperature for different cold wall of the control volume. Four different cases 
can be distinguished: 

1. Case A: A is a stable point since every small disturbance will bring the system 
back to point A. 

2. Case B: If the cold wall temperature is increased to T0,2 and the traces of chemical 
heat production and heat loss intersect at point B, the partial equilibrium gives the 
critical conditions for mixture ignition. Disturbances regarding a decreased temper-
ature will bring back the system to point B, while increasing temperatures will 
cause an exponential increase of ݍሶ௣௥௢ௗ and lead to thermal explosion. 

3. Case C: Point C is unstable as disturbances will either cause the system to fall 
back to point A or to point D. 
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4. Case D: If a heterogeneous reaction, where diffusion processes are not sufficient to 
feed enough unburnt mixture into the reaction zone at the same rate as the reac-
tants are consumed by ݍሶ௣௥௢ௗ, is considered instead of a homogeneous reaction with 
practically unlimited reaction rate as a function of temperature, another stable 
case, point D, may exist. Transport processes limit the heat production rate, as 
indicated by the dashed curve. 

 
Figure 3.1: Schematic representation of heat production and heat losses in the control volume for different 
cold wall temperatures ࢀ૙ (acc.to [105]). 

Several researchers [1, 2, 23, 79, 105] provide more or less detailed examples of how to 
calculate the critical ignition temperature from Case B through the thermal approach of 
Frank-Kamenetskii for a steady-state one-dimensional problem without reactant consump-
tion prior to ignition. The temperature field in the vicinity of the hot surface, illustrated 
qualitatively in Figure 3.2, can be determined by the following energy conservation equa-
tion: 

ߩ ∙ ܿ௣ ∙ ݐ݀ܶ݀ = ݇ ቆ߲ଶ߲ܶݔଶ + ݔ݊ ∙ ቇݔ߲߲ܶ + ሶ௣௥௢ௗ  (3-5)ݍ

where ݇ is the thermal conductivity of the gas and ݊ a parameter for the type of problem 
(infinite slab: ݊ = 0; rotationally symmetric/cylinder: ݊ = 1 and spherically symmet-
ric/sphere: ݊ = 2), though the equation cannot be solved analytically for cylinder and 
sphere problems [23, 105]. As the case considered is that of a flat surface in steady state, 
it applies that ݊ = 0 and ݀ܶ ⁄ݐ݀  = 0. When inserting the definition ݍሶ௣௥௢ௗ, Eq. (3-5) sim-
plifies to: ݀ଶܶ݀ݔଶ = ௜݇ܪ− ∙ (6-3)  ݎ

The thickness of boundary layer is defined by ݀/ܰݑ, where ݀ is the characteristic length 
of the body (here the diameter of the glow plug pin). ݀/ܰݑ describes the thickness of the 
zone in which temperature would decrease from hot wall temperature ௪ܶ, e.g. hot surface 
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temperature, to cold wall temperature ଴ܶ solely due to heat conduction (see Figure 3.2, 
“without reaction”). Being a function of the Nusselt number, it is affected by the flow field 
and the size of the hot surface.  

 
Figure 3.2: Gas temperature in the boundary layer with thickness ࢛ࡺ/ࢊ in the vicinity of the hot surface with 
and without exothermal chemical reaction. 

For the ignition on hot surfaces, following boundary conditions are formulated: ݔ = 0:					ܶ = ௪ܶ ݔ = ݀ ⁄ݑܰ :					ܶ = ଴ܶ 
The exponent of the e function ܧ௔ ܴܶ⁄  can be written as: ܧ௔ܴܶ = ௔ܴܧ ௪ܶ ∙ 11 + ܶ − ௪ܶ௪ܶ = ௔ܴܧ ௪ܶ ∙ ቈ1 − ܶ − ௪ܶ௪ܶ + ൬ܶ − ௪ܶ௪ܶ ൰ଶ − ⋯ ቉  

(3-7)

For temperatures in the vicinity of the hot surface, stopping after the second term of the 
Taylor series yields satisfactory results [105]. In a next step, the dimensionless temperature 

Θ = ௔ܴܧ ௪ܶଶ (ܶ − ௪ܶ)  (3-8)

and the dimensionless distance 

ξ = ݀ݔ ⁄ݑܰ   (3-9)

are introduced. Together with Eq. (3-7), this allows expressing Eq. (3-6) as: ݀ଶΘ݀ξଶ = ௜݇ܪ− ∙ ௔ܴܧ ௪ܶଶ ∙ ൬ ൰ଶݑܰ݀ ∙ ݇଴ ∙ ܿଵ ∙ ܿଶ ∙ ݁஀ 
 

(3-10)

or simply: 

Tw

T
e

m
p

e
ra

tu
re

T

Distance x

x = d/Nu

T0

BOUNDARY LAYER

after ignition

without reaction

with reaction



3.1 Fundamentals of Hot Surface Ignition  |37
 ݀ଶΘ݀ξଶ = −δ ∙ ݁஀  (3-11)

with 

δ = ௜݇ܪ ∙ ௔ܴܧ ௪ܶଶ ∙ ൬ ൰ଶݑܰ݀ ∙ ݇଴ ∙ ܿଵ ∙ ܿଶ  
(3-12)

Frank-Kamenetzki [52] gives following solution to Eq. (3-10), describing the temperature 
distribution in the computational field in question: 

݁஀ = ܽcoshଶ ቆܾ + ටܽδ2 	ξቇ  
(3-13)

where the integration constants ܽ and ܾ can be determined by means of the two dimen-
sionless boundary conditions: ξ = 0:					Θ = 0 
ξ = 1:					Θ = Θ଴ = ௔ܴܧ ௪ܶଶ ( ଴ܶ − ௪ܶ) 
Inserting the boundary conditions yields: ܾ = ℎ√ܽ  (3-14)ݏ݋ܿݎܽ±

and 

݁஀బ = ܽcoshଶ ቆܾ + ටܽδ2 ቇ  
(3-15)

Equations (3-14) and (3-15) combined give parameter δ after eliminating ܾ: 
δ = 2ܽ ∙ ቈܽݏ݋ܿݎℎට ܽ݁஀బ 	±   ℎ√ܽ቉ଶݏ݋ܿݎܽ

(3-16)

When plotting δ for constant Θ଴ as a function of ܽ (see e.g. [105]), it can be seen that there 
exists a ߜ௠௔௫ =  ௖௥௜௧ above which no value for ܽ gives a solution to Eq. (3-11), and theߜ
equilibrium between heat production and losses cannot be sustained (Case B in Figure 3.1). 
Below this maximum, two solutions for each δ exist (Cases A and C). ݀ߜ ݀ܽ = 0⁄  gives the 
required value for ܽ  which can be inserted in Eq. (3-16) to determine δ௖௥௜௧ only as a function 
of Θ଴, as shown in Figure 3.3 (left). Through linear regression, Boulouchos [23] derived the 
following simple equation, particularly valid for larger values of −Θ଴: δ௖௥௜௧ = (−0.667 ∙ Θ଴ + 1.5)ଶ  (3-17)
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Combining equations (3-12) and (3-17) yields the following expression, illustrated qualita-
tively in Figure 3.3, right: ܪ௜݇ ∙ ௔ܴܧ ௪ܶଶ ∙ ൬ ൰ଶݑܰ݀ ∙ ݇଴ ∙ ܿଵ ∙ ܿଶ = ቆ−0.667 ∙ ௔ܴܧ ௪ܶଶ ( ଴ܶ − ௪ܶ) + 1.5ቇଶ  

(3-18)

 
Figure 3.3: Parameter ࢚࢏࢘ࢉࢾ as a function of dimensionless temperature દ૙ (left) and graphical representation 
of the critical conditions that yield the critical ignition temperature ࢚࢏࢘ࢉࢀ (right). ࢚࢏࢘ࢉࢾ (left) was calculated 
numerically by forming the derivative ࢾࢊ ࢇࢊ = ૙⁄  of Eq. (3-16) and solving for ࢇ. 

By setting ߜ =  ௖௥௜௧, i.e. the intersection of both curves, combinations of parameters thatߜ
lead to thermal explosion can be found. The approach accounts for the following factors 
[105]: 

− The type of mixture (heating value ܪ௜, reaction rate ݎ, activation energy ܧ௔ and 
heat conductivity ݇). 

− Mixture pressure (pressure dependent concentration parameters ܿଵ and ܿଶ). 
− The influence of the flow field and hot surface geometry (Nusselt number ܰݑ and 

characteristic length ݀ that determine the boundary layer thickness ݀ ⁄ݑܰ  and the 
convective heat transfer coefficient ℎ). 

− The influence of mixture temperature ଴ܶ, predominantly through factor ߜ௖௥௜௧ itself. 
Neglecting reactant consumption and mass diffusion processes in the reaction zone as well 
as the assumption of steady-state conditions are arguably the largest simplifications of the 
thermal explosion theory. However, its relative simplicity allows deriving useful dependen-
cies based on only few input parameters, even when system knowledge is limited. For this 
reason, the ߜ௖௥௜௧ method will be used in the following subsection to determine basic corre-
lations relevant to hot surface ignition in internal combustion engines.  

3.1.2 Theoretical Dependencies of Critical Ignition Temperature 

The main challenge in determining the critical ignition temperature through Eq. (3-18) is 
knowing the reaction rate constant ݇ ଴ and the exact activation energy ܧ௔. For air-isooctane 
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mixtures, Peters [105] resorted to literature values for ܧ௔ and calculated ݇଴ from experi-
ments in a heated, optically accessible CCVC at 1 = ݌ atm/λ = 1/ ଴ܶ = 523 K under 
stagnant conditions (ܰ2 ≈ ݑ) and a measured ignition temperature of ௪ܶ = 1225 K. Know-
ing all other parameters, it was possible to calculate constant ݇଴, which was subsequently 
used for calculating the reaction rate for other configurations. In the present work, such 
experimental data was not available. For this reason, reaction rate was calculated by as-
suming an overall one-step reaction with data taken from [148] for methane: 

ݎ = ݀ሾ4ܪܥሿ݀ݐ = 1.3 ∙ 10ଽ ∙ ሾܪܥସሿି଴.ଷ ∙ ሾܱଶሿଵ.ଷ ∙ ݁ିாೌோ்   (3-19)

with ܧ௔ = 48.4 kcal/mol. In due consideration of the low fractions of fuel in the air-fuel 
mixture, physical properties of the mixture, like kinematic viscosity, density and thermal 
conductivity, were calculated assuming pure air, at the geometric mean reference temper-
ature ௥ܶ௘௙ = ( ௪ܶ + ଴ܶ)/2.  
The convective heat transport in forced convection is governed by the Nusselt number, 
which describes the ratio of convective to conductive heat transfer normal to the boundary 
layer: 

ݑܰ = ℎ ∙ ݀݇   (3-20)

Generally, ܰݑ is a function of the Reynolds (ܴ݁) and Prandtl (ܲݎ) numbers. With the air-
fuel mixture being in gaseous state, ܲݎ is fairly constant over a wide range of pressures and 
temperatures (ܲݎ ≈ 0.7) [90]. Hence, with the simplification of constant ܲݑܰ ,ݎ becomes a 
sole function of ܴ݁. However, in technical systems where a surface is exposed to particular 
flow conditions, ܰݑ is not constant for the entire surface. For a heated cylinder positioned 
in a turbulent cross flow, for example, Schmidt and Wenner [119] determined that local ܰݑ shows a minimum at around ߮ = +/- 90 °, i.e. on either sides of the hot surface, 
regardless of the Reynolds number (see Figure 3.4). When applied to hot surface ignition, 
these points provide the most beneficial conditions for mixture ignition as heat losses of 
the reaction zone are minimised [23].  
 
Because determining the local Nusselt number is impractical and the actual flow inside the 
cylinder is neither unidirectional not steady, a simplified correlation after Kreith and Black 
(as cited in [2]) giving a mean value for ܰݑ for a cylinder in a cross-flow is used, where 
constants ܥ଴ and	ݎ଴ are calculated according to Table 3.1: ܰݑ = ଴ܥ ∙ ܴ݁௥బ ∙ ݎܲ ଵ ଷൗ   (3-21)

In general, thermal conductivity of gases increases significantly with temperature. This was 
accounted for by a correlation for air proposed by Stephan and Laesecke [133].  
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Figure 3.4: Local Nusselt number ࢛ࡺ in a turbulent flow as a function of cylinder angle ࣐ [119]. 

Table 3.1: Constants for determining the Nusselt number for a cylinder in a cross-flow after Kreith and Black 
(data taken from [2]) ܴ݁ ܥ଴ ଴ݎ

0.4 – 4 0.989 0.330 
4 – 40 0.911 0.385 

40 – 4000 0.683 0.618 
4000 – 40000 0.193 0.618 

40000 – 400000 0.0266 0.805 
 

Figure 3.5, left, shows how the critical ignition temperature for varying mixture tempera-
ture and pressure configurations is determined graphically under quiescent conditions. It 
can be seen that the increase of both parameters lowers the HS temperature (here: ௪ܶ) 
required for ignition, a finding supported by experimental data from Peters [105] for isooc-
tane- and benzol-air mixtures. While the effect of mixture temperature is fairly constant 
over the entire pressure range, the reduction in ܶ ௖௥௜௧ is substantial when increasing pressure 
in the lower range, but reaches saturation in the high-pressure range, most relevant for 
engine operation. The effect of relative air-fuel ratio is presented in Figure 3.5, right. When 
leaning out the mixture, the concentration of fuel is reduced while that of oxidiser is in-
creased and Eq. (3-19) gives a higher reaction rate. Since the heat losses in the boundary 
layer remain constant, ௖ܶ௥௜௧ is reduced moderately, albeit the reduction becomes even less 
significant as system pressure is increased. The results agree with published experimental 
data [78, 139] that observed how the critical surface temperatures that cause ignition in-
crease with increasing equivalence ratio for methane- and hydrogen-air mixtures, while the 
reverse is true for higher alkanes or methane with fractions of higher alkanes. This suggests 
that the trend observed for methane may reverse for natural gas, mostly depending on the 
fractions of ethane and propane. 
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Figure 3.5: Parameters ࢾ (left side of Eq. (3-18)) and ࢚࢏࢘ࢉࢾ (right side of Eq. (3-18)) as a function of wall 
temperature ࢝ࢀ, pressure ࢖ and mixture temperature ࢀ૙ (left) and relative air-fuel ratio λ (right) for quiescent 
air-methane mixtures. The intersection of both curves yields the critical ignition temperature ࢚࢏࢘ࢉࢀ. 
The effects of hot surface diameter ݀ and flow velocity ݒ on the critical temperature, also 
determined from Eq. (3-18), are shown in Figure 3.6. ௖ܶ௥௜௧ is highest for small diameters 
but decreases sharply with increasing diameter. With the size of the hot surface, the thick-
ness of the boundary layer increases (݀ ⁄ݑܰ ), leading to reduced heat losses to the mixture, 
more favourable to mixture ignition. Due to the simultaneous increase of turbulence, and 
thus the Nusselt number ܰݑ, ௖ܶ௥௜௧ converges for larger diameters. The same qualitative 
relationship has been reported from experiments with methane by Laurendeau [79] and 
isooctane by Peters [105].  

 
Figure 3.6: Critical ignition temperature for air/methane as a function of hot surface diameter ࢊ and flow 
velocity ࢜. 

For quiescent mixtures, ܰ  is small, thereby forming a thick boundary layer with a distinct ݑ
low-gradient temperature profile. This limits the heat losses by thermal diffusion, and the 
critical temperature for which heat losses and heat production equal can be reduced. In 
contrast, when the hot surface is exposed to a flow, ܰݑ increases as a function of flow 
velocity and thins the boundary layer. To facilitate mixture ignition, the rising heat losses 
need to be counteracted by an increase of HS temperature. Very similar experimental 
trends are shown by Adomeit [1] for town-gas mixtures (main constituents: CH4, H2 and 
CO). It can be seen that even at high pressure and mixture temperature, both of which 
have a promoting effect on ignition, increasing flow velocities require excessively high tem-
peratures to induce combustion, as a result of the low computed reaction rates for methane. 
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It can therefore be assumed that measures to reduce the much larger flow velocities that 
arise inside an engine combustion chamber, e.g. by shielding the hot surface, are required 
to facilitate mixture ignition at viable temperatures.  

3.1.3 Theoretical Considerations on Ignition Delay and Combustion Phasing 

All considerations presented thus far assume a steady physical state of the mixture, as 
defined by temperature and pressure and its chemical constitution and neglect the factor 
time. In an ICE, however, piston motion leads to changing conditions that not only affect 
pressure and temperature but also the spatial species concentration and the flow field in 
the vicinity of the hot surface. Furthermore, not only the critical temperature at which an 
air-fuel mixture will ignite when subjected to a particular thermodynamic state is crucial 
but also the induction time, i.e. the time that elapses from the first contact between the 
mixture and the hot surface and the start of the combustion process (mixture inflamma-
tion). A properly timed start of combustion is a basic requirement for setting the phasing 
of heat release such that most heat is released and converted to engine work close to TDC. 
For premixed air-fuel mixtures, as stated towards the end of Section 2.1.2, the integrated 
autoignition delay at constant relative air-fuel ratio is a function of the time histories of 
mixture pressure and temperature. Prior to the onset of combustion, these traces are chiefly 
predetermined by mixture mass and density at inlet valve closing (IVC), instantaneous 
cylinder volume (compression ratio and crank drive geometry), heat losses to the cylinder 
walls and blow-by losses. During the gas exchange until IVC, the formation rate of chain 
carriers is negligible due to low pressures and temperatures. During the compression stroke, 
however, the concentration of reactive species increases rapidly, mostly due to the inverse 
and exponential dependency of the reaction rate on temperature. When the integral method 
is applied to hot surface ignition, the mixture that is located in the vicinity of the hot 
surface is permanently exposed to significantly higher temperatures than the remaining 
bulk. Evidently, this will lead to increased reaction rates in the boundary layer and facili-
tate the ignition of mixtures that would not autoignite by compression alone. From this 
reasoning it follows that ignition delay in HSI engine operation is primarily governed by 
the physical state of the bulk mixture and, additionally, by hot surface temperature. There-
fore, just like spark timing in SI engines, HS temperature represents the control variable 
that enables shifting the start of combustion and, in turn, combustion phasing at otherwise 
constant operating conditions. By raising or lowering HS temperature combustion phasing 
can be advanced or retarded, respectively, as illustrated qualitatively using the integral 
method in Figure 3.7 (left). 

As shown previously, the effect of relative air-fuel ratio on the absolute ignition delay and 
the critical ignition temperature of air-methane mixtures is only of minor importance. 
Nonetheless, λ has a strong bearing on the laminar burning velocity, causing a slower heat 
release and longer combustion durations as the mixture is leaned. Assuming a constant 
ignition delay, Figure 3.7 (right) visualises the effect of leaning out the mixture on heat 



3.2 Hot Surface Ignition in Internal Combustion Engines  |43
 
release and in-cylinder pressure when the slower combustion process is not accounted for 
by increasing HS temperature in order to advance combustion phasing. 

 
Figure 3.7: Qualitative effects of hot surface temperature (lfet) and relative air-fuel ratio λ (right) on the 
start of combustion, the cumulative heat release (CHR) and the pressure history against crank angle. 

3.2 Hot Surface Ignition in Internal Combustion Engines 

Intentional or deliberate surface ignition in internal combustion engines has been investi-
gated with different objectives for numerous different applications and a multitude of dif-
ferent parameters. Table 3.2 attempts to classify the works reviewed in this section, based 
on specific properties of engine operation and the surface ignition system itself: 

Table 3.2: Classification of reviewed research work on deliberate surface ignition 

Property Characteristic 
Fuel state gaseous liquid 
Mixture preparation premixed/homogeneous homogeneous with  

enrichment 
stratified/DI 

Compression ratio low (Otto type) high (Diesel type) 
Surface type reactive (catalytic) inert (purely thermal) 
Flow conditions unshielded shielded inside prechamber 
Control no control (self-sustained) voltage/current control temperature control 
Engine size small-bore medium-bore large-bore 

The history of deliberate surface ignition in internal combustion engines goes back until 
the end of the 19th century, when Herbert-Akroyd Stuart filed a patent for the first com-
mercially successful “hot-bulb” engine for heavy-oils, entitled “Improvements in Engines 
Operated by the Explosion of Mixtures of Combustible Vapour or Gas and Air” [134]. 
Combustion was initiated by autoignition on the hot surface of a smaller separated com-
bustion chamber, the “vapouriser” or “hot bulb”, mounted on the cylinder head, into which 
liquid fuel was injected. It was connected to the main combustion chamber by a narrow 
passage and was heated either by the cylinder's coolant or self-sustained by the hot exhaust 
gases during operation. An external flame such as a blowtorch was used for cold-start. 
Shortly after, Gottlieb Daimler patented a so-called „glow tube ignition“ to ignite gaseous 
air-fuel mixtures in 4-stroke gas engines [44]. A continuously burning flame was used to 
heat the tube (see ݂ in Figure 3.8) externally. During the compression stroke, mixture 
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would be pressed into the glowing tube, ignite and initiate combustion in the main com-
bustion chamber. The development of spark ignition (SI) several years later, however, made 
this type of surface ignition become redundant, especially due to the advantages of SI in 
transient and mobile operation, the higher degree of freedom regarding the timing of mix-
ture inflammation and the reduced system complexity.  

 
Figure 3.8: Gas engine with “glow tube ignition” patented by Daimler in 1893 [44]. 

More recently, in 1976, Rohde [118] conducted experiments on HSI induced combustion in 
a 4-cylinder 1.6 l SI engine, primarily on air-petrol mixtures. In preliminary test, he eval-
uated the functionality of the design variants shown in Figure 3.9 (left), finding that many 
were not suitable for stable engine operation, either due to uncontrollable starts of com-
bustion, or their inability to ignite the mixture safely. The most promising concept stood 
out to be configuration 1, a single glow plug that protrudes directly into the combustion 
chamber, called unshielded HSI herein, for reasons of consistency. With unshielded HSI, he 
determined basic dependencies between both hot surface temperature and electric heating 
power and relative air-fuel ratio, volumetric efficiency (i.e. intake manifold pressure) and 
engine speed at MBT (Maximum Brake Torque) combustion phasing. HS temperature was 
measured with a thermocouple welded onto the glow plug tip. To avoid damaging the 
igniter by excessive currents and temperatures at cold start, HSI required SI assistance 
during the engine start procedure. In the upper plot in Figure 3.9 (right) it can be seen 
that HS temperature only needed to be adjusted when varying engine speed, while being 
rather independent of λ and the volumetric efficiency. While the actual duration of com-
bustion in seconds may even fall due to an increased turbulence level in the combustion 
chamber when increasing engine speed, combustion duration, expressed in °CA, is in-
creased. Therefore, in order to retain optimal combustion phasing, start of combustion 
needs to be advanced by raising HS temperature. As for the electric heating power, it 
showed a minimum for stoichiometric mixtures due to the maximum heat released from 
combustion. The increase of heating power with volumetric efficiency is attributed to the 
higher energy content of the mixture and the higher combustion temperature, also enhanc-
ing the heat flux from hot combustion gases to the glow plug. 
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Figure 3.9: Left: Several types of hot surface igniters tested in [118]. A-F: Heating wires with varying volume 
of mixture activation; 1-3: Varying number and position of glow plugs. Right: Effect of relative-air fuel ratio 
λ, volumetric efficiency ࢂࣁ and engine speed ࢔ on required HS temperature and electic heating power using 
variant 1 [118]. 

The impractical necessity of an additional thermocouple to control HS temperature as well 
as the low durability of the tested concept triggered the development of several active and 
passive hot surface igniters allocated inside unscavenged prechambers (prechamber HSI) 
with varying volume and diameter of the single connecting channel (see Figure 3.10). In 
this context, active HSI is one that allows electric heating of the hot surface while for 
passive HSI hot surface temperature is a dependent parameter. The aim of the prechamber 
was to avoid interaction between fresh mixture and HS before the compression stroke, 
which was believed to require higher HS temperatures for ignition but allow for improved 
combustion stability. The sub-prechamber’s function was to hinder fresh mixture from 
impinging directly upon the glow plug. The lack of a closed-loop HS temperature control 
required manual adjustment of the electric heating power. Is it expected that it was there-
fore not possible to set comparable and reproducible combustion phasings, which makes 
data interpretation among all tested variants difficult. While several crucial parameters 
influencing HSI operation were not addressed, most likely due to limitations of the experi-
mental installation, the author’s general observations on both unshielded (Figure 3.9, var-
iant 1) and prechamber HSI (Figure 3.10) can be summarised as follows: 

− Unshielded HSI allows for a significant enhancement of the lean-burn limit compared 
to SI by increasing the reactive mixture volume and the amount of energy provided for 
mixture inflammation. The induced combustion is characterised by higher burn rates 
and shorter combustion duration, resulting in higher maximum pressures, combustion 
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temperatures and NOx emissions. Simultaneously, CO and HC emissions are reduced. 
− Prechamber HSI has a similar operating range to SI but produces less NOx and HC at 

similar levels of CO. However, both engine work and efficiency are reduced. 

 
Figure 3.10: Prechamber HSI employed by Rohde for most experiments [118]. 

In 1980, Nagalingam et al. [96] presented an approach to ignite air-alcohol mixtures (na-
mely ethanol and methanol) in conventional Diesel engines. They developed a hot surface 
igniter made of a slab of insulator material wound with a few strands of heating wire 
(Kanthal), positioned inside a prechamber that was mounted on top of the cylinder head 
of a 553 cc single-cylinder Diesel engine (see Figure 3.11, ܽ .). The fuel injector was oriented 
such that a part of the spray would impinge on the heated surface and initiate combustion. 
Due to the low thermal conductivity of the asbestos slab, it would reach temperatures 
sufficient to initiate ignition without the aid of resistance heating from the wires, thus 
enabling self-sustained HSI (passive HSI) after only a few minutes. 

The authors conducted engine trials for compression ratios of 8.84 and 14.65 at engine 
speeds of 1000, 1500 and 2000 1/min to determine brake thermal efficiency as a function 
of engine power. Injection timing was constant at 31 °CA BTDC and in most tests the 
engine was run on methanol, though it was also able to operate with ethanol and petrol 
satisfactorily. The experiments revealed longer delay periods, lower peak pressures and 
rates of pressure rise with increasing engine speed, leading to partially worsened engine 
efficiency and higher CCV. The assumption was that this may be caused by the specific 
shape of the combustion chamber and throttling effects from the connecting passage be-
tween prechamber and the cylinder. While those may be additional influencing factors, it 
is more likely that the shorter cycle time in seconds, or put differently, the higher °CA/s 
rate at higher engine speeds, leads to apparently longer ignition delays in °CA, reduced 
rates of heat realease (in J/°CA) and retarded combustion phasing if HS temperature is 
not increased accordingly. Despite the limited life-time of about 6-10 h of the employed 
asbestos sheets, the authors were able to prove the basic functionality of a self-sustaining 
HSI system for alcohol-fuelled Diesel engines.  

In 1992, Ramesh et al. [115], from the same institute, readdressed the topic and developed 
two types of surface igniters: a similar concept to the one in [96] but accommodated on the 
cylinder head (see ܾ . in Figure 3.11), and a glow plug (ܿ. in Figure 3.11). Instead of asbestos, 
the 4 mm thick hot surface plate was made of partially stabilised zirconia, a tougher and 
more shock resistant material, thus increasing life-time of the igniter. Again, Kanthal wires 
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were used for resistance heating and fixed onto the surface. Tests were conducted on a 
904 cc air-cooled Diesel single-cylinder engine with a compression ratio of 16.9, mostly 
running on methanol at 1800 1/min. After several design changes, a hot surface design 
variant having a shield with an opening at the periphery only stood out to be suitable for 
operating the engine at high speeds (shielded HSI). Ignition delay responded well to heater 
input, enabling the adjustment of combustion phasing to MBT. Part load required electric 
heating power of about 120 W and performance proved to be unsatisfactory due to poor 
ignition and combustion at low mixture temperatures. At higher loads, however, brake 
thermal efficiency was higher compared to Diesel operation and resistance heating could 
be switched off (passive HSI). The effect on NOx emissions and cycle-by-cycle variations 
was not investigated. In comparison, the glow plug concept allowed for a slight increase in 
thermal efficiency at high loads, but also showed poor low-load combustion stability due 
to excessive cooling of the hot surface. While the power input required at low loads was 
about 180 W, it could be reduced with increasing engine load, yet not brought to zero as 
in the case of the ceramic plate HSI. Combustion induced by the ceramic plate was char-
acterised by higher rates of heat release and shorter combustion durations, while the be-
ginning of the main combustion was more sluggish when using the glow plug, reportedly 
caused by its smaller surface. The authors concluded that controlling the electric input and 
optimising injection timing are key factors for good engine performance. 

 
Figure 3.11: Prechamber hot surface igniter developed and tested by Nagalingam et al. (a.) [96] and un-
shielded/shielded hot surface igniters by Ramesh et al. (b. and c.) [115]. 

In attempt to minimise heating power at lower loads, the Kanthal wire was subsequently 
replaced by one made of platinum of same dimensions. The catalytic properties of the 
material lower the activation energy of the air-fuel mixture, leading to enhanced reaction 
rates, i.e. reduced ignition delay times under the assumption that hot surface temperature 
remains constant. Alternatively, ignition delay can be kept constant despite reducing the 
temperature, which corresponds to the approach taken by the authors. Nevertheless, in 
spite of enabling very low electric inputs for ignition, stable operation over a wider range 
was not possible using the catalytic igniter. It is not clear, however, if the sensing capabil-
ities of the platinum wire were used to determine HS temperature. 

Following the same rationale, Boulouchos [23] developed a catalytic hot surface igniter 
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(CHSI) using a platinum-wire coil as both heating element and temperature sensor a few 
years before, in 1984 (see Figure 3.12). The practically linear specific resistance-tempera-
ture dependence of platinum enabled him to implement a constant temperature controller. 
He investigated unshielded CHSI with premixed lean air-petrol mixtures and, like Rohde 
[118], showed that the lean-burn limit could be enhanced significantly compared with spark 
ignition, due to an accelerated main combustion.  

 
Figure 3.12: Catalytic hot surface igniter (CHSI) developed and employed by Boulouchos [23].  

He was aware of the influence of cyclic dispersions in flow field, mixture and temperature 
in the combustion chamber on the critical ignition temperature and visualised the qualita-
tive dependencies, see Figure 3.13: 

 
Figure 3.13: Trace of hot surface temperature (ࡿࡴࢀ) and critical ignition temperature (࢚࢏࢘ࢉࢀ) against crank 
angle during the compression stroke for a: voltage control, b: hot surface temperature control, c: pulsed 
current control (acc. to [23]). 

The three plots depict HS temperature and critical ignition temperature as a function of 
crank angle during the compression stroke for uncontrolled temperature, i.e. voltage con-
trol, (a), constant temperature control (b) and pulsed current control (c). The upper and 
lower bounds of the critical ignition temperature trace ( ௖ܶ௥௜௧ range) represent the effect of 
the aforementioned CCV. Since HS temperature is also subject to more or less pronounced 
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cyclic variations, it also shows an upper and lower bound ( ுܶௌ range). Evidently, mixture 
inflammation ensues once the actual temperature traces intersect. In case a, the increasing 
charge motion during the compression stroke enhances the convective heat flux from hot 
surface to mixture by an increased heat transfer coefficient, thereby leading to gradual 
decrease in HS temperature as TDC is approached. Assuming that HS temperature is still 
sufficiently high for mixture inflammation close to TDC, the characteristics of the subse-
quent combustion (i.e. phasing and duration) determine HS temperature in the next engine 
cycle. As a result, the temperature spread between the ுܶௌ bounds becomes significant, 
leading to a large scatter range of ignition timing/start of combustion from cycle to cycle. 
In theory, the scatter range can be constrained considerably by controlling HS temperature 
(b), and even further when applying a timed current pulse (c). For minimising the scatter 
range in approach c, the induced temperature increase of the hot surface needs to be as 
steep as possible. This makes high demands on the power source as a high electric currents 
and powers need to be provided, though for a very short time.   

The author conducted experiments on two different 2-valve engines with port fuel injection 
(PFI), a 1.6 l 4-cylinder and 1.8 l 4-cylinder engine, both with heron-shaped combustion 
chambers, and compression ratios of 7.2/8.2 and 10.0, respectively. In both cases, conven-
tional SI was replaced by the surface igniter in only one cylinder, in an angle to the cylinder 
axis of 29° and 33°, respectively. Preliminary experiments with current pulse control re-
vealed that currents of 70-100 A at electric powers of 10-20 kW were required to increase 
HS temperature by about 100 K for a triggered pulse of 100 μs during the compression 
stroke. While it enabled stable engine operation, pulsed current control was then discarded 
and all experiments conducted employing HS temperature control (b) due to the short 
durability of the heating wire and high system complexity. The total resistance of the 
heating coil, being directly correlated to its temperature, is measured and compared to a 
set value given by a potentiometer. In function of the error, an analogous controller adjusts 
the voltage applied to the heating coil, with a response time that is limited by its induct-
ance. This setting allowed keeping HS temperature constant in a range of +/- 5 K. The 
findings of his experiments can be summarised as follows: 

− Resistance of the heating coil is the equivalent to spark timing in SI operation and 
represents the means to adjust combustion phasing. The higher the resistance, i.e. hot 
surface temperature, the earlier the mixture will ignite in the cycle. The usual resistance 
range spanned from 1.0 to 1.4 �. 

− The required HS temperature for MBT combustion phasing increases with engine speed 
and air-fuel ratio and decreases with volumetric efficiency, i.e. intake manifold pressure. 

− In an engine unfavourable to lean-burn operation, CHSI allows for the lean-burn limit 
to be shifted by about Δλ = 0.15-0.2 over the whole investigated range from low part-
load to wide-open throttle (see Figure 3.14). 

− Based on the statistical analysis of 60 consecutive cycles, CHSI always showed higher 
maximum in-cylinder pressure ݌௠௔௫ and generally higher standard deviations ݌ߪ௠௔௫ 
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and ݏ݋݌ߪ௣೘ೌೣ. 
− At constant air-fuel ratio, surface ignition produces higher NOx emissions, which is 

solely ascribed to the faster combustion in the experimental discussion chapter. Never-
theless, the trade-off between brake specific fuel consumption (BSFC) and NOx was 
generally improved at part-load (BMEP < 6 bar) and for lean combustion at full-load 
(λ ≥ 1.2) due to the accelerated heat release. However, the results of fuel consumption 
and emission output should be treated with caution due to the integral measurement 
method for all 4 cylinders. That is to say, that the effects caused by the one cylinder 
running on CHSI can be attenuated or even go unnoticed due to those caused by the 
remaining spark ignited cylinders, that may run at more or less favourable conditions. 

 
Figure 3.14: Lean-burn limit (LBL) for catalytic hot surface ignition (CHSI) and spark ignition (SI) over in-
take manifold pressure difference Δpmanifold (left) and comparison of BSFC-NOx trade-off between CHSI and 
SI operation at full and part-load (right) [23]. 

One of the author’s most remarkable conclusions is that the timing of mixture inflammation 
would even then be subject to a certain degree of cycle-by-cycle variations, if hot surface 
temperature were to be perfectly constant, and he suggests to attenuate the stochastic 
effect of the flow field by conditioning the flow conditions in the vicinity of the hot surface. 

Also in 1984, Furuhama and Kobayashi [53] presented a 1.1 l 3-cylinder two-stroke cata-
lytic surface ignition hydrogen DI engine with a 0.5 mm platinum wire wound around a 
porcelain bar as ignition device. The compression ratio was 12:1 and hydrogen was injected 
at up to 80 bar using a specially developed pump/injector design. They proposed that at 
least one fuel jet should be oriented towards the hot surface (see Figure 3.15). Varying the 
distance ݈ between the jet and the hot surface proved to be most significant to ignition 
delay. Increasing hot surface temperature also allowed accelerating mixture inflammation, 
while simultaneously reducing CCV in combustion phasing. However, the improvement 
was only significant until about 1000 °C, for what reason most experiments were conducted 
at this temperature. The authors do not mention whether the igniter was temperature or 
voltage controlled and neither air-fuel ratio nor combustion phasing were adjusted system-
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atically. Nevertheless, they achieved a power increase of 25 % in reference to the SI coun-
terpart in petrol operation, while substantially reducing NOx. In a test using a conventional 
Diesel glow plug without catalytic properties, they found that smooth operation was not 
possible due to increased ignition delays, causing large fluctuations from cycle to cycle.  

 
Figure 3.15: Cross-section of the two-stroke engine showing the catalytic surface igniter employed by [53].  

To the author’s knowledge, Cherry et al. [32–34] were the first to apply the torch-jet pre-
chamber principle known from spark ignition to surface ignition in the early 1990s. With 
the aim of designing a simple ignition system with no moving parts or sophisticated elec-
tronic controls and no need of auxiliary energy, they developed a “catalytic plasma torch” 
(CPT) ignition system for homogenous charge operation (commercial name: SmartPlugs). 
The CPT is a self-contained ignition system that may be retrofitted to existing spark-
ignition and compression ignition engines. It is made of a brass prechamber ( ௣ܸ௖/ ௖ܸ ≈ 10 %) 
adjacent to the main combustion chamber that contains a ceramic rod with a catalytic 
platinum heating element at the tip (see Figure 3.16). Cold starting and part-load operation 
require a small amount of electrical heating, while the system is self-sustaining at full-load 
allowing the auxiliary power to be switched off. The functioning principle that defines 
ignition timing is based on the gas-spring effect inside the prechamber: The prechamber, 
which at the beginning of the compression stroke is filled with residual gas from the previ-
ous cycle, admits fresh mixture from the main combustion chamber through its connecting 
channels as in-cylinder pressure increases due to piston motion. Under the assumption that 
there is no mixing between residual gas and fresh mixture in the process, the position of 
the interface between both gas phases is a direct function of in-cylinder pressure, i.e. piston 
position. Once the interface, i.e. fresh mixture, contacts with the hot surface, after a very 
short ignition delay due to promoted reaction rates by the catalyst, mixture inflammation 
ensues. Interface response remains constant, regardless of engine load or speed. As a result, 
the contact angle of the fresh charge with the catalyst is only dependent on prechamber 
length, the hot surface’ relative position therein and the compression ratio of the engine. 
Nevertheless, the contact angle is not the sole parameter determining ignition timing: With 
increasing mixture density, being directly linked to engine load, the mass of activated 
mixture increases. The larger number of radicals formed enhances the probability of induc-
ing chain-branching reactions, thereby accelerating the ignition delay. Furthermore, all 
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other parameters affecting ignition delay discussed in Section 2.1.2, like air-fuel ratio, EGR 
and temperature, also apply, yet to a lesser extent due to catalytic surface reactions.  

Figure 3.16: Cut view of early designs of the CPT igniter as shielded and prechamber version (left) [132] and 
explosion view of the improved prechamber design (right) [40]. 

The first study on CPT engine operation was presented in [34]. While it is not mentioned 
unambiguously, all experiments appear to have been conducted with stoichiometric air-NG 
mixtures, at engine speeds from 1300-2800 1/min and 30, 60 and 100 % engine load. Com-
pression ratio of the 4-cylinder 2.3 l natural gas engine was 10:1, albeit prechamber volume 
was apparently not considered in its calculation. Heating power for the platinum coil was 
provided by a constant current power source. In first preliminary tests, the use of a shielded 
design gave proof of the theoretical consideration, that ignition timing can be adjusted by 
varying prechamber length and the hot surface’s location. Since the combustion phasing 
attained was considerably too advanced, several design parameters were changed, yielding 
a prechamber version with 8 tangential bores at an angle of 120 ° that showed best com-
bustion characteristics compared to SI. Mass burn rates nearly doubled, leading to a re-
duction in combustion duration from about 36 to 15 °CA. By monitoring platinum wire 
resistance, it was possible to determine the contact angle between interface and heating 
element, which turned out to be highly reproducible and, as expected, independent of en-
gine load and speed. All early CPT designs had the common feature of combustion phasing 
advancing with load. Therefore, in order to keep full-load operation at MBT, part-load 
timing had to be sacrificed and the position of peak in-cylinder pressure would vary as 
much as 60 °CA between full- and part-load. On these grounds, they proposed the concept 
of a “mass controlled timing” that would allow for retarding combustion automatically 
with load, but were not yet able to present any results.  

Cherry’s invention was the starting point of numerous research projects and publications 
from a team of researchers at University of Idaho in the following years, dealing with the 
analysis and further improvement of the CPT system [39–42, 91, 100]. CPT igniters proved 
to be particularly suitable for fuels or mixtures that cannot be easily ignited by conven-
tional ignition sources, such as alcohols and alcohol-water mixtures, but durability and the 
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fabrication process seem to be an issue and are still subject of current research and devel-
opment [131, 132].  

In an attempt to increase engine power without the risk of engine knocking, several re-
searchers applied the direct injection concept from Diesel to medium to large natural gas 
engines, using high pressure gas injectors to provide the fuel for a controlled diffusive main 
combustion [2, 149]. This approach is often named DIG (direct-injected gas) or DING 
(direct-injected/direct induction natural gas). In 1996, Æsøy [2] used hot surfaces in the 
form of glow plugs to assist compression ignition of natural gas in large-bore DI Diesel 
engines for marine applications. HSI was chosen over SI as the conditions at high engine 
loads are detrimental to spark plug durability (see Section 2.3.1). The test engine was a 4-
cylinder four-stroke low-speed turbocharged Diesel engine with a compression ratio of 
12.1:1 and a displacement volume of approximately 28 l/cylinder. Only one cylinder was 
modified for gas operation, where an electronic injector would inject the gaseous fuel di-
rectly into the cylinder at 200 – 300 bar at the end of the compression stroke. A standard 
6 mm Bosch pin-shaped DC glow plug with an internal thermocouple, oriented such that 
the fuel jet would impinge thereon, was used as a hot surface (see Figure 3.17).  

 
Figure 3.17: Test cylinder arrangement of the hot surface ignition assisted compression ignition DI natural 
gas engine tested in [2–4]. 

As the temperature measurement was found to not represent HS temperature confidently, 
the electric power of the glow plug was used to characterise its thermal state instead. High 
laboratory expenses and limited experimental time restricted the author to conduct only 
few engine trials. The focus of the experiments was to analyse the ignition characteristics 
when varying glow plug electric power, engine load, gas injection pressure and fuel compo-
sition. The electric power required by the glow plug was found to be a function of heat 
exchange in the combustion engine environment. Under atmospheric conditions, the glow 
plug needed to be powered with around 125 W to raise and maintain its temperature at 
1200 K. With running engine (750 1/min) and forced convection under Diesel combustion, 
the required power increased to about 260 W using the “open” glow plug arrangement 


